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Abstract

The efficacy of heat pipes is often constrained by their ability to effectively return

condensed liquid from the condenser to the evaporator section through capillary

pumping. However, when the heat pipe wick is absent or flooded due to overfill-

ing, capillary pumping becomes irrelevant, resulting in a thermosyphon system. In a

close-to-horizontal orientation, the driving force for liquid return in a thermosyphon

is derived from the difference in liquid pool depth between the evaporator and con-

denser. Increasing the depth of condensed liquid augments the driving force for flow.

However, an excessively deep liquid pool in the condenser can limit radial heat trans-

fer and hinder heat rejection. Therefore, it is crucial to strike a balance that favors

intermediate-depth liquid pools. Increasing the fill ratio beyond the optimized value

leads to escalated manufacturing costs and adverse effects on performance. This

study employs a theoretical approach based on the lubrication approximation to the

Navier-Stokes equations to determine the fill ratio that maximizes thermosyphon per-

formance. Additionally, we explore the variations of this ratio in relation to factors

such as the axial temperature difference along the thermosyphon. Our analysis over-

comes a common simplification observed in conventional thermosyphon descriptions

by considering the incremental flow resistance resulting from axial variations in the

liquid film thickness. Neglecting this aspect can lead to inaccuracies in estimat-

ing the axial heat flux. The modeling of heat pipe and thermosyphon results aids

in the selection between a thermosyphon and a heat pipe, while also utilizing the

hydrostatic-driven flow limit in the thermosyphon to replace the capillary limit in the

heat pipe “fundamental diagram.”
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Furthermore, we compare the efficacy of R513a, an HFC/HFO refrigerant blend

with lower global warming potential, to the commonly used R134a refrigerant in the

context of heat pipe applications. Considering the adverse environmental impact of

refrigerants on global warming, it is imperative to identify and implement eco-friendly

alternatives with reduced global warming potential. Tests were conducted on both

smooth and grooved heat pipes under uniform environmental conditions to evaluate

the principal variations in performance and operation between the two refrigerants.

Our study suggests that, in most cases, R513a can serve as a one-to-one substitute

for R134a, demonstrating superior performance and enhanced heat transfer capac-

ity. In certain situations, an integrated approach that involves adjusting only the fill

mass is necessary to achieve comparable outcomes. This study illuminates a criti-

cal transition strategy towards alternative refrigerants, highlighting the potential for

eco-friendly substitutes that rival or outperform conventional refrigerants.

Additionally, we present a Matlab-based, GUI-driven algorithm developed for heat

pipe design and optimization. The algorithm predicts the thermodynamic perfor-

mance of a heat pipe by considering various limiting conditions imposed by viscos-

ity, capillary action, entrainment, boiling, and compressibility. This standalone tool

assists in selecting the appropriate working fluid for a heat pipe and constructs a

fundamental diagram over a wide temperature range. Furthermore, it facilitates the

identification of optimal design parameters in a given setting. We utilized this tool to

achieve an optimized design of axial heat transfer with enhanced performance, lever-

aging experimental data from the previous section specifically for a helical grooved

heat pipe.

To sum up, our study contributes to the enhancement of heat pipe efficacy through

an analysis of thermosyphon behavior, a comparison between eco-friendly refrigerants,
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and the development of a Matlab-based algorithm for heat pipe design and optimiza-

tion. These findings offer valuable insights into achieving optimal heat transfer and

provide a foundation for selecting suitable heat pipe configurations and working fluids

for various applications.
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Chapter 1

Introduction

Heat generation and cooling systems are essential in various engineering applications,

serving important purposes such as managing thermal loads, optimizing energy con-

version, ensuring equipment efficiency, maintaining material integrity, and promoting

safe operating conditions. These systems play a vital role in fields like power gen-

eration, aerospace, automotive, and electronics, where efficient heat management is

crucial for reliable and high-performance operation. Engineers work towards design-

ing and implementing effective cooling solutions that not only minimize environmen-

tal impact but also enhance energy efficiency. Hence, heat generation and cooling

systems are integral to the success of engineering applications as they enable opti-

mal performance, durability, and safety. In many engineering processes, excess heat

is produced, necessitating its dissipation, especially in cases like microelectronic de-

vices. On the other hand, in situations such as replacing stale interior air with fresh

exterior air so as to meet air-exchange requirements, heat needs to be transferred.

One effective method for dissipating or transferring heat is by utilizing a heat pipe.

A heat pipe is a heat transfer device that is used to move heat from one point

to another [1]. It consists of a sealed container with a wick saturated by a working

fluid. The fluid undergoes phase changes between liquid and vapor, enabling efficient

axial heat transfer, even when the heat source and sink are separated by nontriv-
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ial distances but relatively minor temperature differences. Consequently, heat pipes

are highly adaptable and require minimal maintenance in industrial, residential, and

commercial settings.

As suggested by the above commentary, a major appeal of heat pipes is that they

are passive devices, meaning that they do not require any external energy input to

function. In addition, the effective thermal conductivity of a heat pipe is much higher

than that of solid materials like metals, which makes it a very efficient heat trans-

fer device, particularly in scenarios where space and weight are at a premium. The

thermal conductivity range of a heat pipe depends on several factors, including the

materials used in the construction of the heat pipe, the working fluid, and the size

and geometry of the heat pipe. Generally, the thermal conductivity range of a heat

pipe can vary from ∼500W/(mK) to 200,000W/(mK) [2–6].

The basic operation of a heat pipe can be summarized in the following steps [7–9]:

First, heat is applied to one end of the heat pipe, which causes the working fluid to

vaporize. The heat causes the fluid to reach its boiling point and turn into vapor.

Secondly, the vapor travels down the length of the heat pipe to the cooler end, where

it condenses. The heat that was absorbed during the boiling process is then released

as the vapor turns back into a liquid. Afterward, the condensed liquid flows back to

the hot end of the heat pipe, either through capillary action or gravity or both, and

the cycle repeats. During the operation of a heat pipe, the working fluid is constantly

moving between the hot and cold ends of the pipe, allowing for efficient heat transfer.

The key to the effectiveness of heat pipes lies in the fact that they can transfer large

amounts of heat with very little temperature difference between the hot and cold

ends. A heat pipe consists of several components, including [10–12]:
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1. Evaporator: This is the section of the heat pipe where heat is absorbed from

the heat source. The evaporator is typically located at the hot end of the heat

pipe and is designed to have a large surface area to maximize heat absorption.

2. Condenser: This is the section of the heat pipe where heat is released to the

surrounding environment. The condenser is typically located at the cold end

of the heat pipe and is designed to have a large surface area to maximize heat

dissipation.

3. Working fluid: This is the fluid that is used to transfer heat within the heat

pipe. The working fluid is typically a low boiling point liquid that vaporizes in

the evaporator and condenses in the condenser. Common working fluids include

water, ammonia, and refrigerants such as R134a.

4. Wicking structure: This is a capillary structure that is used to transport the

working fluid from the condenser to the evaporator. The wicking structure is

typically made of a porous material such as sintered metal or woven mesh.

5. Envelope: This is the outer shell of the heat pipe that encloses the working

fluid, wicking structure, and other components. The envelope is typically made

of a material with good thermal conductivity, such as copper or aluminum, to

facilitate heat transfer.

Due to the simple design with few components and simple operations, and their

high efficacy, heat pipes are commonly used in applications where space and weight

are at a premium, such as in the cooling of electronic components, as well as in more

demanding applications. The applications include electronics, microelectronics, de-

fense, aerospace, cryogenic systems, and solar thermal systems [13–16].

In electronics cooling, heat pipes are commonly used to cool electronic devices,

such as CPUs, GPUs, and related components [6, 17–19]. They provide efficient
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cooling with minimal noise and can handle high heat loads. Heat pipes are widely

employed in electronics cooling due to their exceptional heat transfer capabilities. In

various applications, such as CPU cooling, heat pipes play a crucial role. Whether

in desktop computers, laptops, or servers, heat pipes efficiently transfer heat away

from the CPU to a heat sink, where the heat in question can be dissipated by air-

flow. Similarly, graphics cards, which often generate substantial heat, utilize heat

pipes in their coolers to transfer heat from the GPU to a large heatsink or cooling

fan, ensuring optimal performance and preventing overheating. Heat pipes are also

instrumental in laptop cooling, enhancing efficiency and preventing thermal throt-

tling by transferring heat away from the CPU and GPU to the laptop’s heat sink or

cooling fan. Moreover, in high-power LED lighting systems, heat pipes are applied

to dissipate heat efficiently, promoting longer lifespan and preserving optimal perfor-

mance. Power electronic components, such as inverters and power supplies, as well

as telecommunications equipment like routers and switches, also benefit from heat

pipe technology. Heat pipes effectively transfer heat away from these devices, ensur-

ing stable operation and preventing thermal damage. Additionally, heat pipes find

applications in automotive electronics, medical devices, and various other systems

where effective cooling is essential for maintaining reliability, longevity, and optimal

performance. With their compactness, high heat transfer capacity, reliability, and

passive operation, heat pipes offer an excellent solution for managing heat in diverse

electronic devices and systems [20].

Heat pipes also play a vital role in the aerospace and defense sector, where ef-

fective thermal management is no less crucial [21–24]. They are extensively used in

spacecraft thermal control systems to regulate temperatures and dissipate excess heat

generated by onboard electronics and equipment. In avionics systems, heat pipes are

employed to cool critical components, ensuring optimal performance and reliability

in demanding environments. Military electronics, such as radar, navigation systems,
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and communication devices, benefit from heat pipe cooling to enhance their per-

formance and endurance in extreme conditions. Heat pipes are likewise integral to

thermal protection systems for reentry vehicles and spacecraft, safeguarding compo-

nents from extreme temperatures during atmospheric reentry. They are also utilized

in missile guidance systems, electronic warfare systems, and unmanned aerial vehicles

(UAVs) to manage heat and maintain the operational effectiveness of critical systems.

Heat pipes also find application in energy recovery systems to efficiently transfer

and reclaim waste heat [7, 25–27]. In applications such as exhaust gas heat recovery,

heat pipes play a crucial role in extracting waste heat from flue gases and transfer-

ring this heat to a working fluid for utilization. They are also employed in industrial

processes to recover and transport waste heat for preheating fluids or generating elec-

tricity. Heat pipes find applications in data centers to cool servers while recovering

and utilizing the generated heat. Additionally, they are integrated into industrial

ovens, furnaces, and geothermal systems to capture and transfer waste heat for vari-

ous energy recovery purposes. By enabling efficient heat transfer and maximizing the

utilization of waste heat, heat pipes contribute to energy efficiency, reduced energy

consumption, and sustainable practices in energy recovery systems.

In a similar spirit, heat pipes have become valuable components in HVAC (Heating,

Ventilation, and Air Conditioning) systems, offering improved efficiency and perfor-

mance and therefore potentially lucrative opportunities for cost savings [28–30]. In

HVAC applications, heat pipes find several practical uses. Firstly, in Heat Recovery

Ventilation (HRV) and Energy Recovery Ventilation (ERV) systems, heat pipes en-

hance heat transfer efficiency by recovering heat from the exhaust air and transferring

it to the incoming air stream. This reduces the energy required for heating or cooling

the fresh air and helps maintain comfortable indoor temperatures. Secondly, heat

pipes play a crucial role in dehumidification processes by removing excess moisture
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from the air. They cool the air below its dew point, causing moisture to condense.

Additionally, heat pipes are utilized in cooling towers to enhance heat transfer effi-

ciency, enabling efficient cooling of industrial processes or air conditioning systems.

Moreover, heat pipes contribute to the performance of heat pump systems by im-

proving heat transfer between the refrigerant and the conditioned space, resulting

in enhanced energy efficiency. Overall, incorporating heat pipes into HVAC systems

offers benefits such as energy savings, improved thermal comfort, and reduced oper-

ating costs.

Heat pipes likewise enjoy diverse applications in solar thermal systems [7, 25–27,

31]. They are commonly used in solar water heating devices, where they efficiently

transfer heat from the collector to a heat exchanger for water or heat transfer fluid

heating. In concentrated solar power (CSP) systems, heat pipes enable the collection

and transport of concentrated solar energy, optimizing heat transfer to a working

fluid or heat transfer medium. Solar air heating systems utilize heat pipes to enhance

the transfer of solar heat to the air flowing through the system in question. Heat

pipes also find applications in solar thermal power plants, aiding in heat transfer

between various components and optimizing energy conversion. Additionally, heat

pipes contribute to solar desalination systems by facilitating the transfer of heat for

the distillation or evaporation of seawater. Overall, heat pipes play a vital role in

solar thermal systems, improving energy efficiency and enhancing the utilization of

solar energy.

Finally, heat pipes are widely used in various cryogenic applications [32–35]. In

cryogenic systems, which involve extremely low temperatures, heat pipes play a cru-

cial role in maintaining thermal stability and efficient heat transfer. Heat pipes are

commonly employed in cryocoolers, which provide cooling at cryogenic temperatures

for applications like superconducting magnets and infrared detectors. Heat pipes en-
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able the transfer of heat from the cold end to the hot end, enhancing the performance

and reliability of cryocoolers. Cryostats, used to maintain low temperatures in cham-

bers or vessels, also benefit from heat pipes by removing heat generated by electronic

components or sensors, thereby preventing localized heating. In cryogenic storage

systems, heat pipes help in the efficient removal of heat to prevent the boiling off of

cryogenic fluids or to maintain stable temperatures for stored materials. Cryogenic

instrumentation, such as pumps, valves, and heat exchangers, utilize heat pipes to

transfer heat away from sensitive components or to cool them to cryogenic temper-

atures. Furthermore, in space applications, heat pipes are employed for cryogenic

thermal management, facilitating the transfer of heat in the vacuum of space. Over-

all, the high thermal conductivity, low thermal resistance, and lightweight design of

heat pipes make them indispensable for efficient cryogenic temperature management

in various applications.

In summary, heat pipes are a versatile and reliable technology for transferring heat

in a wide range of applications, and their use continues to grow as new applications

are developed. Notwithstanding these positive attributes, heat pipes have some lim-

itations that should be considered in their design and selection. Some of the key

limitations in the use of heat pipes include the following [36–40]:

Temperature limitations: Heat pipes have upper-temperature limits that de-

pend on the working fluid and materials used in their construction. If the temperature

exceeds these limits, the working fluid may degrade or the materials may fail, leading

to a loss of efficiency or even a complete failure of the heat pipe.

Orientation limitations: Heat pipes have a preferred orientation due to their

reliance on gravity and capillary forces for fluid circulation. If the heat pipe is not

oriented correctly, it may not function efficiently or at all.
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Figure 1.1: Schematic showing the different components of a heat pipe.

Pressure limitations: Heat pipes operate at low pressures, typically less than

1 atm. If the heat pipe is subjected to high pressures, it may fail or lose efficiency.

Chemical Compatibility limitations: Heat pipes may not be compatible with

certain working fluids or materials, which can limit their use in certain applications.

Size limitations: Heat pipes are limited in size due to their reliance, at leat in

part, on capillary forces for fluid circulation. Large heat pipes may require additional

support or may not function efficiently.

In view of the above considerations, heat pipes have been traditionally limited to

a narrow range of operating conditions. As a result, design engineers and researchers

are continuously seeking to expand the range of applications and to enhance the per-

formance of existing ones. To achieve this, careful selection of heat pipe components
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and meticulous design play a critical role. Thus, much attention has been devoted to

the return flow of the liquid from the condenser to the evaporator. This flow is driven

by surface tension. However, if the surface tension of the liquid is low or if the wick

is oversaturated or absent, the flow is then primarily driven by gravity. In particular,

when there is no wick, the heat pipe is instead referred to as a thermosyphon. Ther-

mosyphon design is relatively easy because thermosyphons are simple to operate, and

economical. Therefore, these devices have been extensively studied.

Thermosyphons offer several advantages over heat pipes. Their simple design and

construction make them cost-effective and easy to manufacture and maintain. Unlike

heat pipes, thermosyphons are not limited by capillary action, allowing for longer

heat transfer distances. By extension, thermosyphons excel in gravity-assisted sys-

tems, utilizing natural circulation driven by gravity for improved heat transfer. Op-

erating at lower pressures reduces the risk of leaks and simplifies component design.

Additionally, thermosyphons can handle higher heat loads due to their larger diam-

eter and absence of capillary limitations, making them suitable for applications that

require high-power dissipation. Ultimately, the choice between thermosyphons and

heat pipes depends on specific application needs, taking into account factors such as

heat load, orientation, space constraints, and cost considerations.

1.1 Design variables

Designing heat pipe and thermosyphon systems requires careful consideration of var-

ious key factors [41–43]. These factors play a crucial role in optimizing performance

and include the following:

1. Operating temperature range: The choice of tube material will depend on the
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operating temperature range of the heat pipe or thermosyphon. Materials must

be able to withstand the temperature extremes of the heat pipe without de-

grading or failing.

2. Working fluid: The choice of tube material may also depend on the working fluid

being used. Some fluids may be corrosive or reactive with certain materials, so

it is important to choose a tube material that is compatible with the working

fluid.

3. Tube dimensions: The dimensions of the tube will also impact its performance,

including its ability to transfer heat efficiently. Factors such as the inner diam-

eter, wall thickness, and tube length will need to be optimized for the specific

application.

4. Wick design: The wick is an integral part of the heat pipe tube, and its design

will impact the overall performance of the heat pipe. Factors such as the wick

material, porosity, and permeability will need to be carefully considered to

ensure effective operation.

5. Manufacturing considerations: The design of the heat pipe tube must also take

into account variables related to the manufacturing process such as cost, ease

of manufacture, and availability of materials.

6. Heat transfer requirements: The heat transfer requirements of the specific ap-

plication will also impact the design of the heat pipe or thermosyphon tube.

Factors such as the heat load, temperature difference, and required heat transfer

rate will need to be considered when designing the tube.

Overall, designing a heat pipe tube involves a careful balance of the above fac-

tors to ensure that the heat pipe operates effectively and efficiently over its intended

lifetime. The tube design must be optimized for the specific application, taking into
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account all of the relevant factors to achieve the desired level of performance.

1.1.1 Selection of working fluid

The selection of the working fluid or refrigerant depends on the operating tempera-

ture range, heat transfer capacity, and compatibility with the materials used in the

heat pipe. Some of the properties required for heat pipe refrigerants are [1, 44–46]:

1. High thermal conductivity: The refrigerant should have a high thermal conduc-

tivity to transfer heat efficiently from the heat source to the heat sink.

2. Low viscosity: Low viscosity is important to ensure that the refrigerant can flow

easily through the narrow channels of the heat pipe, allowing for efficient heat

transfer.

3. Low freezing point: The refrigerant should have a low freezing point to pre-

vent it from solidifying at low temperatures, which could block the flow of the

refrigerant and impede heat transfer.

4. Low boiling point: The refrigerant should have a low boiling point to ensure

that it remains in the vapor phase at the operating temperature of the heat

pipe.

5. Non-toxic and non-flammable: The refrigerant should be non-toxic and non-

flammable to ensure safety in case of leaks or accidental exposure.

6. Chemical stability: The refrigerant should be relatively inert and should not

react with the materials used in the heat pipe or with the heat source and heat

sink.

7. Availability and cost: The refrigerant should be readily available and cost-

effective to use in heat pipe applications.
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Some common refrigerants used in heat pipe applications include [45, 47, 48]:

1. Water: Water is a commonly used refrigerant in heat pipes due to its high heat

capacity and low cost. It is particularly effective for applications with low to

moderate temperature ranges.

2. Ammonia: Ammonia is a popular refrigerant for industrial and commercial heat

pipe applications due to its high heat transfer coefficient and low cost. However,

it is also toxic and flammable, so appropriate safety measures must be taken.

3. Methanol: Methanol, known for its affordability and high latent heat of va-

porization, is often used as a cost-effective refrigerant in low-temperature heat

pipe applications. However, it is important to acknowledge that the flammable

properties of methanol restrict its range of applications.

4. Ethanol: Ethanol is a widely used refrigerant in heat pipes for cooling electronic

components and low-temperature applications due to its non-toxicity and af-

fordability. However, it is important to note that the flammable nature of

ethanol imposes limitations on its applications.

5. Fluorocarbons: Fluorocarbons, such as R134a, are commonly used refrigerants

in air conditioning and refrigeration applications due to their low toxicity and

high efficiency. However, they are also potent greenhouse gases and have a

significant environmental impact.

High temperature heat pipes, typically use refractory metals or ceramics for their

construction, as these materials have high melting points and can withstand the high

temperatures involved. When it comes to selecting a refrigerant for high temperature

heat pipes, there are a few options to consider [7, 49]:
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Working fluid Tsink,min (◦C) Tsource,max (◦C)

Acetone -40 140

Methanol -23 150

R134a -40 316

R513a -24 65

R514a -24 65

Ammonia -33 120

Water 20 200

Sodium 500 1300

Table 1.1: Temperature ranges for possible working fluids.

1. Sodium: Sodium is a common refrigerant for high temperature heat pipes, as it

has a high boiling point and can operate at temperatures up to 1473 K (1200◦C).

It is also a good conductor of heat, which makes it an efficient choice for high

temperature applications.

2. Potassium: Potassium is another option for high temperature heat pipe refrig-

erants, with a boiling point of 1033K (760◦C). It is also a good conductor of

heat, but care must be taken to ensure that it does not react with the materials

used in the heat pipe.

3. Lithium: Lithium is a lightweight, low-melting-point metal that can be used

as a refrigerant in high temperature heat pipes, with a boiling point of 1615K

(1342◦C). It is particularly useful for high temperature applications where size

and weight are a concern.

4. Cesium: Cesium is another potential working fluid for high temperature heat

pipes, with a boiling point of 1965K (1692◦C). However, it is a highly reactive

metal that requires special handling and safety precautions.

The selection of a refrigerant for a heat pipe is an important consideration that
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Figure 1.2: Wick types (a) Sintered wick (b) Wire mesh wick (c) Fibrous wick (d)
Grooved wick. (From [50]; used with permission.)

can impact the performance, efficiency, and safety of the heat pipe system. It is im-

portant to carefully evaluate the specific requirements of the application and select a

refrigerant that is compatible with the materials used in the heat pipe, provides the

desired performance, and is safe and cost-effective.

1.1.2 Wick selection

Heat pipes use wicks to transport the working fluid from the condenser back to the

evaporator. Ideally, the capillary pumping in question is aided by gravity, however,

there are instances (evaporator situated above the condenser) where liquid transport

by surface tension must overcome gravitational forcing. There are several types of

wicks used in heat pipes, each with its own advantages and disadvantages [51–54].

These are described in greater detail below.
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Sintered metal wicks are made by transforming a metal powder into a porous struc-

ture. They are highly durable and can withstand high temperatures and mechanical

stresses, making them ideal for high-performance heat pipe applications. However,

they can be expensive to manufacture and may be prone to clogging.

Grooved wicks are a type of heat pipe wick that feature a series of machined grooves

or channels on the inner surface of the heat pipe. They offer several advantages, such

as relatively simple manufacturing processes and good capillary action, but their ef-

fectiveness may vary depending on the specific application compared to other types

of wicks. There are three common types of grooves used in heat pipes. Firstly, axial

grooves are longitudinal grooves that run parallel to the length of the heat pipe. These

grooves play a crucial role in facilitating the circulation of the working fluid in the

axial direction, enhancing capillary action and improving heat transfer performance

throughout the heat pipe. Secondly, circumferential grooves are concentric grooves

that encircle the inner surface of the heat pipe. They promote the radial distribution

of the working fluid within the heat pipe, enabling efficient heat transfer across the

entire cross-section of the heat pipe and maximizing its thermal performance. Lastly,

chevron grooves are V-shaped grooves that enhance the wicking action within the

heat pipe, leading to improved fluid circulation and heat transfer. It is important to

note that while grooved wicks can provide effective heat transfer, the selection of the

appropriate wick type should be based on the specific requirements and constraints

of the particular application.

Mesh wicks are made of fine wire mesh or of a screen, which is wound around a

central support structure. They can be highly effective at transporting working fluid

and are relatively easy to manufacture, but may be prone to clogging and can be

sensitive to mechanical stresses. Fibrous wicks are made of highly porous materials

such as ceramic fibers, carbon fibers, or glass fibers. They can provide good capillary

15



action and are highly resistant to mechanical stresses, but may also be prone to clog-

ging and can be difficult to manufacture.

The design of the wick in a heat pipe is also an important consideration, as it can

impact the efficiency and effectiveness of the heat pipe. Some key factors to consider

when designing a wick for a heat pipe include its porosity, permeability, and thickness,

as well as the type of working fluid being used.

1.1.3 Wick and envelope material selection

The selection of the tube material for a heat pipe depends on a variety of factors,

including the operating temperature range, the working fluid used, and the mechanical

and thermal properties required for the specific application. Some common materials

used for heat pipe tubes include [55–57]:

1. Copper: Copper is a common choice for heat pipe tubes due to its high thermal

conductivity, good mechanical properties, and relatively low cost. It is suitable

for use with a wide range of working fluids and can operate at temperatures up

to around 600◦C.

2. Aluminum: Aluminum is another popular choice for heat pipe tubes, as it is

lightweight and has good thermal conductivity. However, it may not be suitable

for high temperature applications due to its relatively low melting point.

3. Stainless steel: Stainless steel is a durable and corrosion-resistant material that

can be used in a wide range of heat pipe applications. It can operate at high

temperatures and is suitable for use with many different working fluids.

4. Titanium: Titanium is a lightweight and strong material that can be used in

high temperature and corrosive environments. It is particularly suitable for use

with high temperature heat pipes and chemically-aggressive working fluids.
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Figure 1.3: Heat pipe performance limitations[58].

5. Nickel alloys: Nickel alloys such as Inconel and Monel are often used in high

temperature heat pipes due to their excellent corrosion resistance and high

strength at elevated temperatures.

In addition to the tube material, other factors such as the thickness of the tube wall,

the tube inner diameter, and the surface finish can also impact the performance of the

heat pipe. It is important to carefully consider all of these factors when selecting a

tube material for a heat pipe, in order to ensure that the heat pipe operates effectively

and reliably over its intended lifetime.

1.2 Operational limitations

Current understanding of heat pipes [1, 59], [60] and [58] establishes several factors

that can impose limits on the steady and transient operations of heat pipes. As shown

in figure 1.3, the rate of heat transport through a heat pipe can be constrained by

various physical phenomena, including the viscous limit, the capillary limit, the sonic

limit, and the boiling limit. Also important to consider is frozen startup, as well
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as condenser effects. The specific limitation on heat transfer can be determined by

factors such as the size and shape of the tube, the working fluid, the wick structure,

and the operating temperature. The maximum heat transport limitation of a heat

pipe at a given temperature is defined by the lowest limit among these constraints.

For a detailed explanation of the heat transfer limitations relevant to heat pipes, refer

to [1]. Below, a brief summary is provided [1, 59].

Viscous limit: At lower temperatures, the heat pipe’s evaporator region may

have relatively low vapor pressures, which can be similar to the pressure required

for propelling the vapor from the evaporator to the condenser. Consequently, the

existing equilibrium between the total vapor pressure and the counteracting vapor

viscous forces acting along the axial direction hampers the adequate flow of vapor

mass. This condition, called the viscous limit, usually occurs in longer heat pipes

with low saturation pressure of the working fluid near its melting temperature or

during frozen startup conditions. A heat pipe operating near its triple point, where

the vapor pressure is extremely low, experiences a “viscous limit” and necessitates

the utilization of an alternative working fluid.

As vapor temperature does not appreciably vary over the length of the heat pipe,

the vapor flow can be approximated as isothermal and the vapor itself can be consid-

ered as an ideal gas. Further, the vapor pressure at the condenser end is assumed to

be zero, which provides the absolute limit for the condenser pressure. These simpli-

fications lead to a one-dimensional laminar model of the vapor flow [61],

Q̇viscous =
Pvρvhfgrv
16µvLeff

, Leff = La +
Le + Lc

2
(1.1)

Here, rv represents the vapor core radius, La represents the adiabatic length, Le rep-

resents the evaporator length, Lc represents the condenser length, Pv denotes vapor

pressure, hfg represents the enthalpy of vaporization, ρv stands for vapor density, µv
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represents vapor viscosity, and Leff indicates the effective length of the heat pipe.

Sonic limit: Typically, at low operating temperature and high radial heat flux,

the vapor flow reaches sonic velocity near the end of the evaporator, causing a choking

of the flow. This means that even if the heat flux is increased, the vapor flow cannot

be further increased. The phenomenon in question often requires a very high power

supply when operating at low temperatures. Typically, this phenomenon is observed

during start-up and is expected to resolve itself over time as the operating temperature

increases. The sonic limit of a heat pipe is determined by the maximum vapor velocity

that can be sustained within the heat pipe before the vapor flow becomes supersonic.

Once supersonic flow conditions are realized, the pressure drop and heat transfer

coefficient within the heat pipe both decrease, leading to a reduced capacity for heat

transfer. The sonic limit of a heat pipe is dependent on various factors, including the

working fluid, heat pipe dimensions, and operating conditions such as temperature

and pressure. It is typically experimentally determined by measuring the heat transfer

capacity of the heat pipe at increasing heat inputs and plotting the resulting heat

transfer rate against the heat input. The point at which the heat transfer rate begins

to saturate or decrease indicates the sonic limit. The expression for the sonic limit is

given by [61]

Q̇Sonic = Avρvhfg

√︄
γvRvTop

2(γv + 1)
, (1.2)

where,

γv =
Cp

Cv

=

(︃
1 +

2

f

)︃
Here, f represents the degrees of freedom of the vapor molecules, Rv denotes the

vapor gas constant, Av represents the area for vapor core flow, and Top indicates the

operating temperature.

Entrainment limit: The entrainment limit of a heat pipe refers to the maximum
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heat transfer capacity of the heat pipe, beyond which the vapor velocity in the evapo-

rator section becomes large enough to entrain liquid droplets from the wick structure.

Once the entrainment limit is reached, the heat transfer performance of the heat pipe

is reduced due to a lack of sufficient liquid in the evaporator section. The entrainment

limit depends on various factors, including the working fluid, wick structure, and op-

erating conditions such as temperature and pressure. Consistent with the discussion

of the sonic limit, the entrainment is also experimentally determined by measuring

the heat transfer capacity of the heat pipe at increasing heat inputs and plotting

the resulting heat transfer rate against the heat input. The point at which the heat

transfer rate begins to saturate or decrease indicates the entrainment limit of the

heat pipe. The primary distinction between the sonic limit and the entrainment limit

lies in their respective temperature thresholds. The entrainment limit occurs at a

higher temperature compared to the sonic limit. Furthermore, when the sonic limit

is reached and the temperature difference (∆T ) is increased, the heat transfer rate

(Q̇) remains constant. Conversely, in the case of the entrainment limit, an increase

in ∆T results in a decrease in Q̇. The entrainment limit is approximated as follows

[61]:

Q̇entr = Avhfg

√︃
ρvσ

2rh,s
(1.3)

where rh,s is the wick pore radius and σ is the surface tension.

Boiling limit: At high heat fluxes, nucleate boiling may happen in the wick struc-

ture, leading to the entrapment of vapor in the wick. This can impede liquid return

and result in evaporator dry-out. The limit in question is known as the boiling limit.

Unlike other limitations, the boiling limit depends on the radial or circumferential

heat flux in the evaporator, not the axial heat flux or total thermal power transported

by the heat pipe. The boiling limit is determined using nucleate boiling theory, which

consists of two phenomena: bubble formation and the subsequent growth or collapse

of the bubbles. The boiling limit using nucleate boiling theory can be described as
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[61]

Q̇Boil =
2πLeKeTv

hfgρv ln(ri/rv)

(︃
2σ

rb
− Pc

)︃
(1.4)

where rb represents the nucleation site radius, ri represents the internal radius of

the tube, rv represents the vapor core radius (or inner wick radius), Ke represents

the effective thermal conductivity of the liquid-saturated wick, σ denotes the surface

tension of the liquid refrigerant, Pc represents the capillary pressure of the wick struc-

ture, and Tv represents the vapor temperature.

Capillary limit: The capillary limit, also known as the hydrodynamic limit, is

a common constraint encountered in the operation of low-temperature heat pipes [1,

62]. This limitation occurs when the capillary pumping rate is insufficient to provide

enough liquid to the evaporator section. Stated differently, the capillary limit arises

when the sum of the liquid and vapor pressure drops exceeds the maximum capillary

pressure that the wick can sustain. The maximum capillary pressure depends on the

physical properties of the wick and on the working fluid. Any attempt to exceed

the heat transfer limit imposed by the capillary limitation will cause dry-out in the

evaporator section, which results in a sudden increase in wall temperature along the

evaporator section. The capillary limit can be approximated by [61]

Q̇c,max =
(QL)c,max

Leff

(1.5)

Here,

(QL)c,max =
Pc −∆P − ρlgLt sin (θ)

Fl + Fv

where, Pc = 2σ/rc, ∆P = ρlgdv cos θ and Fl and Fv are given by

Fl =
µl

κAwρlhfg

, Fv =
(fvRev)µv

2r2h,vAvρvhfg

In the above equations, θ is the tube inclination angle, dv is the vapor core diameter,

Lt is the total length of the tube, κ is the wick permeability, (fvRev) is the drag

coefficient, and rh,v is the vapor hydraulic radius.
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1.3 Research gap and focus areas

In light of the above discussion and, more especially, some of the limitations associ-

ated with past research, we outline below the two principal problems to be tackled

in this work. The first of these is theoretical and considers the analogue of the heat

pipe capillary limiting curve for the case of thermosyphons. The second problem is

experimental and considers the performance impact of changing from one to another

kind of refrigerant. Details are described in the following two paragraphs.

As shown in figure 1.3, various parameters impose limitations on the steady state

operations of heat pipes [1, 59]. Previous research has provided a detailed description

of the criteria governing heat transfer limitations in heat pipes [1]. One common

limitation in low-temperature heat pipes is the capillary limit [1, 62]. Attempts to

exceed this limit lead to dry-out in the evaporator section, characterized by a sudden

increase in wall temperature. However, there are scenarios where the capillary limit is

irrelevant, such as when the wick is flooded or removed, making gravity dominant over

capillarity. In horizontally oriented thermosyphons, the liquid flow is driven by the

depth difference between the condenser and evaporator. As the inclination angle in-

creases (with the evaporator below the condenser), the depth difference may decrease

or disappear, and the liquid flow is then driven by the elevation difference between

the two sides of the thermosyphon [62]. However, a deep liquid pool in the condenser

can hinder radial heat transfer, especially with working fluids of low thermal conduc-

tivity. Therefore, for horizontally oriented thermosyphons, it is important to strike a

balance that ensures optimal liquid pool depth. Deviating from this optimum depth

can result in poor performance and increased material costs, particularly if the work-

ing fluid is expensive. Research conducted to date fails to provide the optimal fill

ratio for a thermosyphon, and does not quantify the consequences of either overfilling

or underfilling the thermosyphon. Additionally, the literature does not adequately
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emphasize the use of the hydrostatic limiting curve as an alternative to the capillary

limiting curve.

In response to global warming, industries are consistently striving to minimize

greenhouse gas emissions [63, 64]. Considering the significant environmental impact

of fluorocarbon refrigerants, industries are now transitioning to next-generation re-

frigerants [65–67]. R513a refrigerant boasts a remarkably smaller Global Warming

Potential (GWP) compared to its predecessor, R134a [68]. This makes R513a a po-

tential candidate to replace R134a as a suitable alternative. Therefore, it is crucial

to thoroughly consider the impact of these modifications before transitioning to this

new refrigerant. Essentially, R513a requires changing fill mass or system design modi-

fications to ensure consistent performance. Research has explored the transition from

R134a to R513a in various HVAC applications, including heat pumps, refrigerators,

and other systems. However, there is limited research on transitioning from R134a

to R513a in heat pipe applications. The heat pipe sector is growing fast but the

research on the use of these novel refrigerants in heat pipes remains relatively unex-

plored and represents a novel area of study [69]. Unfortunately, the lack of research

on the transition of heat pipes to R513a has led most companies to rely on traditional

refrigerants.

The technical discussion of the thesis is divided into three chapters as described

below.

1.3.1 Finding the optimum fill mass and hydrostatic limit in
thermosyphon

In Chapter 2, we conduct a modeling analysis of a thermosyphon (in particular its

adiabatic section) in order to examine the variation of heat flux (Q̇) with different fill

fractions. We thereby define the maximum achievable heat flux of the thermosyphon.

These results are instrumental in establishing the thermosyphon operational limits.
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In particular, our analysis allows us to define a “hydrostatic limit,” which serves as

the analogue of the capillary limit for heat pipes (where surface tension, not gravity,

is responsible for liquid flow). By comparing the results of the thermosyphon model

with those of a heat pipe, we are able to establish selection criteria for choosing

between a thermosyphon and a heat pipe.

1.3.2 Transition to new generation refrigerants with low global
warming potential in both heat pipe and thermosyphon
applications

Chapter 3 asks how one can make a seamless transition to next-generation refriger-

ants with low global warming potential (GWP). We report upon multiple experiments

that vary the fill fraction and inclination angle to assess implications for the following

working fluids: R134a (old refrigerant) and R513a (new refrigerant). Ultimately, we

compare the behavior of these refrigerants under different operating conditions and

formulate a strategy for transitioning from one to the other refrigerant.

1.3.3 Industrial software for heat pipe design and optimisa-
tion

InChapter 4, we describe a software called LowTHeR (standing for “Low Temperature

Heat Recovery”) specifically tailored for the design and optimization of heat pipes,

utilizing the most up-to-date research in the field. This software is primarily geared

toward industrial applications and encompasses various essential components. It com-

mences with refrigerant selection, followed by the option for new design or design

optimization to facilitate retrofit applications, taking into account factors such as

envelope dimensions and wick specifications. Additionally, the software incorporates

a heat pipe bank module to further augment its functionality. Moreover, leveraging

the experimental data obtained from Chapter 3, we successfully optimized heat pipe

design in a particular setting that is relevant to the interests of our industrial sponsor.
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Chapter 2

On the hydrostatic limit for thin
film flow with applications to
thermosyphons

2.1 Introduction

Heat pipes are remarkable devices for efficient heat transfer, garnering significant at-

tention across engineering fields due to their exceptional ability to transport large

amounts of thermal energy over considerable distances while maintaining minimal

temperature differentials [58]. This characteristic has made them a preferred choice

in applications like electronics cooling and solar energy systems [59]. One of their key

advantages is their significantly higher thermal conductivity compared to materials

like copper, which are known for their low resistance to heat diffusion. Consequently,

heat pipes offer a reliable and attractive solution for various heat transfer needs [70].

Given these attributes, it’s crucial to fully comprehend the operational principles,

design considerations, and performance traits of heat pipes to effectively tackle con-

temporary heat transfer challenges.

Heat pipes find immense utility in modern technology, particularly in the cool-

ing of electronic devices, computer processors, LED lighting, solar panels, and high-

performance computing systems [71–74]. They function as passive devices that fa-

cilitate heat transfer from one location to another without requiring external energy
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input [75]. These devices contain a low-boiling-point liquid such as water or ammonia,

which undergoes evaporation and condensation to achieve heat transfer. The heat

exchange process involves applying heat to one end, leading to the liquid evaporating

and moving along the pipe to the cooler end. At this point, the liquid condenses and

releases its latent heat of vaporization. The condensed liquid then returns to the hot

end to repeat the cycle. The return of the liquid can be facilitated either through

capillary forces in a wick or through gravity forces, with the latter case often termed

a thermosyphon.

The efficient operation of heat pipes is governed by various parameters that impose

constraints on both steady-state and transient processes [1, 59]. These limitations en-

compass phenomena such as the frozen startup (vicious limit), capillary limit, sonic

limit, entrainment limit, and boiling limit. These factors can lead to heat transfer lim-

itations depending on the heat pipe’s size, shape, working fluid, wick structure, and

operating temperature. The most restrictive limit among these considerations deter-

mines the maximum heat transport capacity of the heat pipe at a given temperature

[1].

A common limitation encountered in low-temperature heat pipes is the capillary

limit [1, 62]. This arises from the incapability of a specific capillary structure to

provide sufficient return flow of condensed liquid to the evaporator section of the heat

pipe. In such cases, the sum of pressure drops experienced by the liquid and vapor

surpasses the maximum capillary pressure the wick can sustain. Pushing beyond this

capillary limit results in dry-out within the evaporator section, leading to a sudden

increase in wall temperature.

However, there are instances where the capillary limit becomes less relevant. For

example, when the wick is flooded with liquid, removed altogether, or in the case

of a long and inclined heat pipe where capillarity takes a back seat to gravity. To

explore these scenarios, the focus shifts towards studying horizontal and inclined

thermosyphons (heat pipes without wicks). Here, the capillary limit is replaced by
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an analogous hydrostatic limit [76–78].

In thermosyphons oriented horizontally, liquid flow results from the varying depths

of liquid in the condenser and evaporator sections. As the inclination angle increases,

the liquid depth difference may decrease or vanish, causing flow to be driven by

elevation disparities on either side of the thermosyphon [62]. However, deep liquid

pools in the condenser might hinder radial heat transfer, especially if the working

fluid has low thermal conductivity. Thus, a balance must be struck in the liquid

pool depth for thermosyphons oriented horizontally. Deviating from this optimal

depth could lead to poor performance and increased material costs, particularly if

the working fluid is expensive.

In our approach, we primarily examine steady-state liquid flow, omitting phase

changes in the evaporator and condenser sections. Our aim is to determine the fill

ratio that optimizes thermosyphon performance for a specific working fluid, inclina-

tion angle, and heat load. Traditional thermosyphon models typically overlook the

incremental flow resistance caused by variations in liquid film thickness. By consid-

ering these factors, we aim to identify scenarios where thermosyphon performance

matches or surpasses that of conventional heat pipes. Additionally, our work sheds

light on performance restrictions posed by hydrostatic limitations, complementing

existing heat pipe operating curves that primarily apply to capillary-driven flow.

The work is divided into the following sections: Section 2 outlines a theoretical

model that, for different operating conditions, links the variation of heat flow with

liquid depth. We build upon this analysis in Section 3 by defining the variation of

the maximum rate of heat transfer, which in turn defines the hydrostatic limit. The

connection between this hydrostatic limit and the corresponding capillary limit for

heat pipes is examined in Sections 4 and 5, in the complementary theoretical model

of a heat pipe is presented and discussed. Section 6 wraps up with conclusions and

ideas for further study.
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For future reference, we list in table 2.2 key variables with associated SI units and

typical values. In the case of nondimensional variables, only units and descriptions

are provided.

Table 2.1: List of refrigerant properties with units and typical values.

Refrigerant Properties Typical value Unit

Liquid density (ρl) 1000 kg/m3

Liquid dynamic viscosity (µl) 10−3 kg/(m·s)

Liquid kinematic viscosity (νl) 10−6 m2/s

Capillary length (lcap) 2 mm

Latent heat of vaporization (hfg) 2.26×106 J/kg

Ratio of specific heats (γvapor = cp/cv) 1.327 −

Ideal gas constant (R) 8.314 J/(mol·K)

Molecular mass (mv) 18.02 g/mol

Vapour density (ρv) 1.3 kg/m3

Vapour dynamic viscosity (µv) 18×10−6 kg/(m·s)

Liquid thermal conductivity at 25◦C (Kf ) 0.607 W/(m·K)

Sidewall thermal conductivity (Ks) 398 W/(m·K)

Room temperature (TR) 300 K

2.2 Thermosyphon operation

The rate of heat transfer in a thermosyphon is often computed using a thermal net-

work analysis. Accordingly, and using a generalization of Ohm’s law, thermal resis-

tances are defined for each instance of conductive or convective heat transfer [1, 61].

Such an approach naturally emphasizes heat transfer in a direction perpendicular to

the long axis of the thermosyphon for which conductive effects (whether through the

thermosyphon sidewall or through the layer of liquid that accumulates in the con-

denser) are especially relevant. On the other hand, and considering a flow of heat
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Table 2.2: List of geometrical parameters, values, and other variables.

Geometrical Dimensions

Heat pipe height (H) 50 mm

Heat pipe width (ζ) 100 mm

Heat pipe evaporator length (Le) 0.25 m

Heat pipe condenser length (Lc) 0.25 m

Heat pipe adiabatic length (La = L) 1 m

Other Variables

Gravity (g) 9.81 m/s2

Condenser temperature (Tc)
◦C or K

Evaporator temperature (Te)
◦C or K

Temperature range (∆T = Te − Tc)
◦C or K

Condenser liquid depth (hc) mm

Evaporator liquid depth (he) mm

Liquid mass flow rate (ṁl) kg/s

Vapor mass flow rate (ṁv) kg/s

Liquid profile (h = h(x)) mm

Inclination angle (θ) ◦

and mass in the axial direction, a thermosyphon can only transfer as much heat as

can be carried by the vapor generated in the evaporator. In turn, evaporation is only

possible if there is an adequate return flow of liquid from the condenser. Thus there

is an essential trade-off for thermosyphons that are oriented close to horizontal: if

the mass of liquid is too large, conductive resistances in the condenser will likewise

be large such that the overall rate of heat transfer, Q̇, is low. Conversely, if the mass

of liquid is too small, there will be an insufficient hydrostatic driving force for liquid

flow leading to dry-out and a similar (or perhaps more dramatic) decrease in Q̇. The

trade-off in question can be understood in graphical terms with reference to a figure

such as figure 2.1 (a), which shows the variation of Q̇op and Q̇hydro with h̄, the average
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Table 2.3: List of superscripts, consolidated variables, and abbreviations.

Superscript meaning

( )r Radial direction

( )a Axial direction

Consolidated variables Values Unit

β = ρlg/µl 9.81×106 s−1

Πl =
1
µl

(︁
∂Pl

∂x
− ρlgx

)︁
Πv =

1
µv

(︁
∂Pv

∂x
− ρvgx

)︁
Abbreviation Meaning Unit

Q̇ Heat flux W

Q̇max Maximum heat flux W

liquid depth along the length of the thermosyphon. Here, Q̇op represents the oper-

ational heat flux obtained through the thermal network, while Q̇hydro represents the

hydrostatic driven heat flux obtained by solving the liquid mass flow rate. The steady

state thermosyphon operating point (indicated, for different evaporator section liquid

depths, by the black circles) corresponds to the point of intersection of the Q̇op and

Q̇hydro curves.

For a fixed ∆T , it is clear from figure 2.1 (a) that when h̄ increases Q̇op decreases,

due to an increase in radial thermal resistance. On the other hand, as h̄ increases,

the corresponding Q̇hydro increases due to an increase in the driving force associated

with a larger hydrostatic pressure. Additionally, figure 2.1 (a) illustrates that as he

decreases, Q̇hydro increases. This effect occurs because, for a fixed h̄, a decrease in he

results in more liquid being available in the condenser, leading to a larger hydrostatic

pressure difference between one and the other end of the thermosyphon.

Of course, the trade-off illustrated in figure 2.1 (a) can be modified by the addition
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of a wick, which changes the driving force for liquid flow from hydrostatic to capillary

and changes the thermosyphon into a heat pipe, wicks that are flooded achieve little

or no capillary pumping [59]. Also, and beyond a small angle of inclination, capillary

pumping is, in any event, subordinate to hydrostatic pressure differences. Therefore

one does not necessarily need to consider the wick in optimizing heat transfer, that

is unless θ = 0◦ and/or heat pipe is short in length, as might apply in compact elec-

tronics equipment.

Motivated by this discussion, we undertake a theoretical study of the liquid fill

fraction that maximizes Q̇ given the aforementioned constraints. In so doing, we sep-

arately consider the overall heat flux (as estimated using a thermal network analysis)

and the axial heat flux (as determined from the lubrication equations of fluid flow).

We then equate these two expressions as is appropriate for steady conditions. The

fundamental investigation in question is interesting in its own right and also provides

a helpful point of comparison between thermosyphon and heat pipe design.

2.2.1 Modelling approach

Thermal network analysis

We apply a thermal network analysis to evaluate the overall thermal resistance, R,

associated with heat flow along a thermosyphon. This overall resistance is composed

of a number of constituent components as shown in figure 2.1 (b). The resistance

terms are defined as follows: Rr
shell represents the shell resistance in the radial di-

rection, Rr
int denotes the resistance at the liquid-vapor interface, Ra

vapor refers to the

axial vapor resistance, Ra
shell+Ra

wick represents the combined axial resistance of the

shell and wick, Rr,evap
wick indicates the radial wick resistance in the evaporator, and

Rr,cond
wick signifies the radial wick resistance in the condenser. In the context of a ther-

mosyphon, the resistance values Rr,evap
wick and Rr,cond

wick represent the resistance caused

by the liquid pool in the evaporator and condenser, respectively. These resistance
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Figure 2.1: (a) variation of Q̇op and Q̇hydro (b) Thermosyphon schematic illustrating
the thermal resistance model. (Image not to scale)

values can be determined by substituting the thermal conductivity of the wick with

the thermal conductivity of the liquid in (2.2). From the order-of-magnitude scaling

analysis given in table 2.4, the value of R is set primarily by the thermal resistances

associated with the saturated wick (Rr
wick) and with the wall or shell material (Rr

shell).

Whereas Rr
shell is approximately the same in the evaporator and condenser, Rr

wick is

not because of the different depths of liquid measured at these opposite ends of the

heat pipe or thermosyphon. It is therefore necessary to distinguish between Rr,cond
wick

and Rr,evap
wick , which respectively represent the thermal resistances associated with the

liquid layer in the condenser vs. in the evaporator. Note finally that the correspond-

ing magnitude of the resistance term, Ra
shell + Ra

wick, in the axial direction is so large

that heat transfer by liquid advection is, for all intents and purposes, the only means

of transporting heat along the long axis.

To simplify the analysis, we consider that heat is added or removed only through

the bottom (possibly inclined) surface of the (rectilinear) evaporator. We therefore

consider the two side surfaces and top surface to be insulated. Due to the verti-

cal variation of temperature (and therefore of density) within the liquid, the liquid

in the condenser is stably-stratified such that heat transfer occurs via conduction.
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In contrast, heat transfer in the evaporator occurs via pool boiling and is therefore

significantly enhanced by rising bubbles. Accordingly, the thermal resistance of the

condenser is an order of magnitude larger than that of the evaporator, i.e. Rr,cond
wick

≫ Rr,evap
wick [79–81]. This disparity persists even when the depth of the liquid in the

evaporator, he, is large.

Leveraging the above assumptions, the overall thermal resistance for the heat pipe

or thermosyphon depicted in figure 2.1 can be estimated as follows:

R =
δ

KsζLc

+
δ

KsζLe

+
hc

KfζLc

. (2.1)

Here, δ andKs refer to the thickness and thermal conductivity of the shell material,

respectively, hc is the depth of the liquid layer in the condenser, and Kf is the

thermal conductivity of the (liquid) refrigerant. Finally, ζ represents the width of the

rectangular channel and Lc and Le represent the respective lengths of the condenser

and the evaporator. With R to hand, the overall heat flux can be determined from

Q̇ = Q̇radial =
∆T

R
. (2.2)

Here the temperature range ∆T = Te − Tc in which Te and Tc respectively indicate

the evaporator and condenser temperatures. From Q̇, the mass flow rates of liquid

(ṁl) and of vapor (ṁv) can be evaluated from ṁl = −ṁv = Q̇/hfg, where hfg is the

latent heat of condensation. Note that ṁl and ṁv have opposite signs because the

flows they represent are anti-parallel. Note also that ṁl and ṁv are, at steady state,

equal to the rates of evaporation and condensation.

Lubrication flow analysis

To derive an independent expression for ṁl, we consider the flow illustrated schemat-

ically in figure 2.2. Thus do we examine the thermosyphon adiabatic section, which

exhibits a continuous (and non-linear) variation of depth, h, of the liquid layer from
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Table 2.4: Thermal resistance of the various heat pipe or thermosyphon components
as illustrated in figure 2.1 (b).

Resistance Term Magnitude (◦C/W)

Rr
shell 100

Rr,cond
wick 10

Rr,evap
wick 10−1

Rr
int 10−5

Ra
vapor 10−8

Ra
shell+Ra

wick 103

the condenser to the evaporator. Because attention is focused on the adiabatic sec-

tion, it is appropriate to assume that the liquid maintains a constant depth of hc

throughout the condenser section, which ends at x = 0, and a constant depth of he

throughout the evaporator section, which starts at x = L [61].

Liquid flows from the condenser to the evaporator due to the difference of hy-

drostatic pressures between x = 0 and x = L. The pressure difference in question

depends on θ, hc, he and ρl − ρv(≃ ρl). Consistent with figure 2.2 and with our

previous discussion, we consider, for reasons of algebraic simplicity, a 2D rectilinear

flow where the fluid thermophysical properties (e.g. liquid density ρl, liquid viscosity

µl and latent heat of vaporization hfg) are constant along the length and only depend

on the operating temperature, Top. Additionally, we assume steady conditions, for

which hc/L and the Reynolds number (Re = ρlUhc/µl) are small enough to justify

the use of a lubrication approximation. In the definition of the Reynolds number,

the characteristic velocity can be determined by balancing viscous forces with those

associated with hydrostatic pressure, yielding U = ρgh3
c/µL. By applying the lubrica-
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Figure 2.2: Variation of liquid depth in a rectangular thermosyphon at an inclination
angle θ. The mean liquid depth along the length is represented by h̄ in equation 2.10.

tion approximation, i.e., Re hc

L
≪ 1, and using as boundary conditions a no-slip basal

condition, i.e. ul(x, 0) = 0, and a stress-free interfacial condition, i.e. ∂ul

∂y
(x, h) = 0,

we can deduce the following expression for the liquid velocity profile:

ul(x, y) =

(︃
1

µl

∂Pl

∂x
− ρlgx

µl

)︃(︃
y2

2
− hy

)︃
(2.3)

Here the subscript l represents the liquid phase such that Pl is the pressure measured

in the liquid. Also, gx = g sin θ and gy = g cos θ. This latter term is important when

expressing force balance in the cross-stream, rather than streamwise, direction, i.e.

∂Pl

∂y
= −ρlgy (2.4)

Integrating (2.4) yields

Pl(x, y) = ρlgy(h− y) + Pv ⇒ ∂Pl

∂x
≃ ρlgy

∂h

∂x
(2.5)

In evaluating gradients in the streamwise direction, we have deliberately assumed

∂Pv/∂x to be small compared to ρlgy∂h/∂x. We discuss the validity of this assumption
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in subsection 2.2.4. Substitution of (2.5) into (2.3) shows that

ul(x, y) =
g

νl

(︃
− cos θ

∂h

∂x
+ sin θ

)︃(︃
hy − y2

2

)︃
(2.6)

Here νl ≡ µl/ρl is the liquid kinematic viscosity. Using (2.6), ṁl can be determined

via integration, i.e.

ṁl = ρlζ

∫︂ h

0

ul dy (2.7)

Solving for ṁl therefore requires knowledge of h, a formula for which can be derived by

integrating the mass continuity equation. Indeed, and by following the steps outlined

in [82], it can ultimately be shown that

h3 cos θ
dh

dx
− h3 sin θ = C1 (2.8)

The constant C1 is determined using Q̇radial with details provided in subsection

2.2.3.

2.2.2 The horizontal thermosyphon

Although our prior analysis is applicable to all inclination angles, we are especially

interested in quantifying thermosyphon performance when θ = 0◦, whereby

h(x) =
[︂
h4
c

(︂
1− x

L

)︂
+

x

L
h4
e

]︂ 1
4
. (2.9)

Using (2.9), we can determine the average liquid depth, h̄, in the interval 0 ≤ x ≤ L

as follows:

h̄ =
1

L

∫︂ L

0

h(x) dx =
4

5

(︃
h5
c − h5

e

h4
c − h4

e

)︃
(2.10)

Equation (2.9) also allows evaluation of ṁl and Q̇ from

ṁl =
ρlgζ

12νlL

(︁
h4
c − h4

e

)︁
=

Q̇

hfg

(2.11)

By combining (2.2) and (2.11), it can be shown that

he =

(︃
h4
c −

∆T

R

12νlL

hfgρlgζ

)︃ 1
4

(2.12)
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Figure 2.3: (a). Variation of Q̇ with h̄ for different ∆T at θ = 0◦ (b). Variation of Q̇
and Q̇max with ∆T for different h̄ at θ = 0◦.

From (2.12), the solution methodology is straightforward. The input parameter hc is

used to calculate Q̇ from (2.1) and (2.2). With hc and Q̇ to hand, (2.12) is applied to

solve for he. Utilizing he and hc, we can then calculate h̄ from (2.10), from which the

variation of Q̇ with h̄ can be ascertained. We limit our analysis to situations where

he ≥ 0.5mm, 0.5mm being a threshold value intermediate to a characteristic material

roughness scale and the capillary length (≃ 2.7mm for water at ambient temperature

and pressure).

Figure 2.3 (a) shows Q̇ vs. h̄ for various evaporator-to-condenser temperature differ-

ences, ∆T . As h̄ increases, Q̇ decreases due to an increase in the thermal resistance

caused by the corresponding increase in hc. Whereas this last statement suggests

minimizing the mass of working fluid added to the thermosyphon, it is important to

avoid decreasing the fill mass below the critical point, shown by the series of red dots,

associated with thermosyphon dry out. To the left of the red dots, h̄ is too small

to sustain the requisite liquid flow rate; in mathematical terms, the combination of

(2.2) and (2.11) does not admit a physically-acceptable solution, i.e. one satisfying
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he ≥ 0.5mm. Figure 2.3 (a) also shows that as ∆T increases, there is an up - and

rightward shift in the Q̇ vs. h̄ curves. Increasing ∆T increases Q̇ from (2.2), which

requires a larger hc − he to drive the liquid from the condenser to the evaporator.

Because he is bounded from below, larger hc − he necessitates an increase in hc. As

a consequence, and consistent with the above commentary, (i) R increases from (2.1)

thereby negating some of the increase that would otherwise be observed in Q̇, and,

(ii) the minimum possible value of h̄ also increases.

Figure 2.3 (b) reconsiders the results of figure 2.3 (a) but now shows Q̇ vs. ∆T for

different h̄. The positive slopes of the curves indicate that Q̇ increases with increas-

ing ∆T regardless of the average liquid depth. At small h̄ (1mm), the thermosyphon

transports a lot of heat but is only operational until 38◦C; any further increase in ∆T

causes the thermosyphon to reach the dry-out limit. By contrast if the thermosyphon

were filled to a greater extent, it would not achieve as large a Q̇ for moderate temper-

ature differences. However, the thermosyphon in question would exhibit a broader

(possibly much broader) range of operation vis-à-vis ∆T .

2.2.3 The inclined thermosyphon

The results of subsection 2.2.2 are limited to the case θ = 0◦. Oftentimes, ther-

mosyphons are inclined (condenser above the evaporator); this subsection extends

the discussion to such a scenario. Equation (2.8) is solved using the boundary condi-

tion h(0) = hc. By combining (2.6), (2.7) and (2.8), we find that

ṁl = ρlζ
ρlg

µl

(︃
− cos θ

dh

dx
+ sin θ

)︃
h3

3
=

Q̇

hfg

(2.13)

To simplify the expression for ṁl (2.13), we utilize an equation for dh/dx from

(2.8). Then expressing ṁl in terms of the overall heat flux using (2.2) yields as the
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Figure 2.4: Variation of Q̇ with h̄ for different inclinations (θ) with ∆T = 40◦C.

solution for C1

C1 = −3νlṁl

ρlgζ
= − 3νl

ρlgζ

∆T

R hfg

(2.14)

Given the input values of hc and ∆T , the value of C1 is determined using (2.14).

Subsequently, we solve (2.8) and (2.10) to obtain the profiles of h(x) and h̄, respec-

tively. The derived expression for h(x) allows us to determine he and verify the

acceptability of the solution i.e. by ensuring he ≥ 0.5mm.

Figure 2.4 shows the variation of Q̇ with h̄ for different θ and ∆T = 40◦C. As

expected, the rate of heat transfer increases with the tilt angle θ: as the tilt an-

gle increases, additional liquid tends to accumulate in the evaporator rather than

spreading across the condenser. Correspondingly, the conductive resistance Rr,cond
wick

decreases. Moreover, and for sufficiently long thermosyphons, increasing θ even by a

small amount significantly increases the driving force for liquid flow because L sin θ

may be comparable to, or larger than, hc − he. Thus the resistance to heat transfer

decreases whether measured with reference to the cross-flow or streamwise directions.

In contrast to the horizontal thermosyphon case, the θ > 0◦ curves of figure 2.4 exhibit
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a low-level plateau. In physical terms, the plateau signifies a dry condenser, i.e. a

condenser for which liquid immediately depletes as it flows downslope towards the

evaporator. Correspondingly, the plateau elongates (and the curves shift leftward) as

θ increases. Thus an advantage of an inclined thermosyphon is that its operation is

less sensitive to small variations in the working fluid fill mass. In other words, ther-

mosyphon performance as measured by Q̇ is relatively insensitive to minor or even

significant changes of h̄ as might arise due to a slow leakage of working fluid.

2.2.4 Thermosyphon modeling with vapor counter-flow

Our analysis up till now has ignored the dynamic influence of a vapor counter-flow.

This influence is potentially significant: the vapor, whose mass flow rate must be

equal and opposite to that of the liquid, exerts a shear stress on the liquid and re-

sults, therefore, in a deformation of this film relative to the no vapor counter-flow

case. In this subsection, we ask whether such deformations have a significant impact

on the hydrostatic force that drives the liquid flow.

As discussed in subsection 2.2.1, after applying the lubrication (Rehc

L
≪ 1) and

steady flow assumptions, the expression for ul becomes

ul =
Πl

2
y2 + b1y + b2 0 < y < h , (2.15)

where

Πl ≡
1

µl

(︃
∂Pl

∂x
− ρlgx

)︃
(2.16)

and b1 and b2 are to be specified by application of the boundary conditions discussed

below. Meanwhile (2.5) can be solved by substituting Pv(x, y) ≈ Pv(x). Here Pv

represents the vapor pressure and is only a function x and independent of y due to
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the small vapor density. Accordingly, (2.5) must be modified as follows:

∂Pl

∂x
= ρlgy

∂h

∂x
+

∂Pv(x)

∂x
(2.17)

Extending the above methodology to the vapor counter-flow, we consider as the

governing equation

uv =
Πv

2
y2 + c1y + c2, h < y < H (2.18)

where

Πv ≡
1

µv

(︃
dPv

dx
− ρvgx

)︃
(2.19)

Here, ρv represents the vapor density, µv represents the vapor viscosity, and uv and

vv respectively denote the vapor velocity in the x and y directions. Note that Πv is

only a function of x and it is independent of y. Note also that c1 and c2 are, as with

b1 and b2, determined by application of boundary conditions. To wit, we consider the

following:

(i) ul(x, 0) = 0 (ii) µl
∂ul(x, h)

∂y
= µv

∂uv(x, h)

∂y

(iii) ul(x, h) = uv(x, h) (iv) uv(x,H) = 0

Application of the above boundary conditions ultimately yields

b2 = 0

b1 =
−1

2
Πv(h−H)2 − 1

2
Πlh

2 + CµΠlh(h−H)

h− Cµ(h−H)

c1 =

1
2
Πlh

2 + 1
2
Πv(h

2 −H2 − 2
Cµ

h2)
1
Cµ

h+H − h

c2 = −c1H − 1

2
ΠvH

2

Here Cµ = µl/µv. Note that Cµ and H are constants and do not depend on x or

y. Even so, note that because h = h(x), b1, c1 and c2 are all likewise functions of x.
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To find the variation of h with x, the liquid mass continuity equation can be used.

More specifically, we integrate the continuity equation in differential form over height

from y = 0 to y = h and apply Leibnitz’s rule to show that

0 =
∂

∂x

∫︂ h

0

uldy +
∂h

∂t

At steady state, the above result can be rewritten as

0 =
d

dx

∫︂ h

0

ul dy =
d

dx

∫︂ h

0

(︃
Πl

2
y2 + b1y

)︃
dy =

d

dx

(︃
Πl

6
h3 +

b1
2
h2

)︃
=

1

6

d(Πlh
3 + 3b1h

2)

dx

Rearranging this last result gives

dΠl

dx
h2 + 3Πlh

dh

dx
+ 3h

db1
dx

+ 6b1
dh

dx
= 0 (2.20)

To solve (2.20), we apply (2.2.4) and thereby calculate db1
dx

as follows:

db1
dx

=
1
2
(h2 −H2)dΠv

dx
+Πvh

dh
dx

− Πlh
dh
dx

− 1
2
(h2)dΠl

dx
+ Cµh(h+H)dΠl

dx
+ CµΠlh

dh
dx

h− Cµ(h+H)

+
CµΠl(h+H)dh

dx
+ h(h+H)dΠv

dx
+Πv(h+H)dh

dx
+Πvh

dh
dx

h− Cµ(h+H)

+
(1− Cµ)

dh
dx
(1
2
Πv(h

2 −H2))− 1
2
Πlh

2 + CµΠlh(h+H) + Πvh(h+H)

(h− Cµ(h+H))2
(2.21)

With the above result to hand, h can be computed from (2.20). In principle,

therefore, we can calculate ṁl and ṁv from

ṁl = ρlζ

∫︂ h

0

uldy = ρlζ

(︃
Πl

6
h3 +

b1
2
h2

)︃
=

Q̇

hfg

(2.22)

ṁv = ρvζ

∫︂ H

h

uvdy = ρvζ

[︃
Πv

6
(H3 − h3) +

c1
2
(H2 − h2) + c2(H − h)

]︃
=

Q̇

hfg

(2.23)

When θ = 0◦, the gravity components of (2.16) and (2.19) can be simplified as

gx = 0 and gy = g. Moreover, it is observed by many researchers that the vapor

pressure variation through the adiabatic section of a thermosyphon or heat pipe is

linear [1, 61]. The reason behind such a linear variation is that the adiabatic section

experiences a negligible change of temperature and therefore of density. As the cross-

sectional area also remains approximately constant (h ≪ H), it is appropriate to
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Figure 2.5: Solution steps for finding h(x), α and h̄.

assume that Pv is a linear function of x, or Pv = αx. Here α is a constant that is

independent of x and y. Accordingly, Πv from (2.19) can be simplified as

Πv =
1

µv

(︃
∂Pv

∂x
− ρvgx

)︃
= Πv =

α− ρvg sin θ

µv

=
α′

µv

(2.24)

Accordingly, Πl from (2.16) can be written as

Πl =
1

µl

(︃
dPl

dx
− ρlgx

)︃
=

ρlg cos θ
dh
dx

− ρlg sin θ + α′

µl

=
ρlg

µl

(︃
cos θ

dh

dx
− sin θ

)︃
+

α′

µl

(2.25)

Here α′ = α− ρvg sin θ.

To solve for h(x) from the second order differential equation (2.20), we apply the

expressions for Πv and Πl from (2.24) and (2.25), respectively. Thereafter, we fol-

lowed the four steps given in figure 2.5.

Building on figure 2.3 (a), figure 2.6 display the relationship between Q̇ and h̄ with
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vapor counter-flow. The green curves in figure 2.6 closely resemble those of figure

2.3, indicating that the presence of vapor counter-flow does not significantly affect

the liquid flow or profile. This observation can be attributed to two main factors:

(i) the relatively low vapor velocities due to the small ratio of h̄ to H, and (ii) the

corresponding modest values of ṁv and Q̇. In the given range of Q̇, the maximum

value of α is less than 0.1Pa·s/m. A careful comparison of figure 2.3 (a) and the green

curves of figure 2.6 therefore reveals inconsequential differences of Q̇, at least when

the thermosyphon height measures 5 cm.

By contrast to this last paragraph, more significant differences may arise when the

thermosyphon height is reduced. This fact is illustrated most clearly in figure 2.6, it

is evident that reducing the value of H amplifies the influence of vapor counter-flow,

particularly at higher values of Q̇ or ∆T . When ∆T = 5◦C, Q̇ < 100W and there is

minimal shear stress at the interface due to the low velocity of the vapor. However,

as the temperature range increases, differences become more pronounced due to the

higher velocity of the vapor and the resulting increase in viscous resistance. The dif-

ferences in question are especially prominent when h̄ is comparatively small. Figure

2.6 further reveals that intensified interfacial shear stress shifts the curves down and

to the right. This shift occurs because the thermosyphon requires a larger volume of

liquid to generate a stronger driving force and compensate for the additional viscous

resistance caused by vapor counter-flow. The downward shift is a consequence of the

restriction on liquid return caused by viscous shear stress.

Although the results of figure 2.6 specifically consider a horizontal orientation for

which θ = 0◦, similar results apply to the case of an inclined thermosyphon. Given

this similarity, in particular the fact that the vapor counter-flow is most important

for large ∆T and small h̄ (i.e. large Q̇), we do not include quantitative results here.
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Figure 2.6: Variation of Q̇ vs h̄ with counter vapor flow at various ∆T (at θ = 0◦).

2.2.5 Q̇max variation for a thermosyphon

This section aims to determine the maximum heat transfer (Q̇max) of a thermosyphon

and explore how this quantity varies with different design parameters such as h̄, L,

and θ. Furthermore, we will analyze the influence of vapor counter-flow on Q̇max and

identify situations where consideration of this counter-flow becomes necessary.

Variation of Q̇max with h̄, θ and L

Figure 2.7(a) illustrates the impact of θ and h̄ on Q̇max. At θ = 0◦ and at the starting

point where h̄ = hc = he =0.5mm, Q̇max = 0 because there is no hydrostatic driving

force to cause a flow of liquid from the condenser to the evaporator. Additionally, as

θ increases, when h̄ = hc = he = 0.5mm, the profile of h(x) remains uniform in x.

However, the resulting elevation difference between the two ends of the thermosyphon

yields a pressure difference that leads to an increase of Q̇max with θ even though the

thermosyphon is filled to its least possible extent.

Furthermore, figure 2.7 illustrates two trends regarding the variation of Q̇max with
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Figure 2.7: Variation of Q̇max in a thermosyphon (a) for different inclination angles,
θ. Panel (b) highlights the influence of the vapor counter-flow w.r.t. H (for θ =
0.2◦). Here, “WC” refers to the configuration without vapor counter-flow, while “C”
represents the configuration with counter vapor flow.

h̄. Firstly, an increase in h̄ leads to an increase in Q̇max: the liquid-flow experiences

reduced resistance while moving from the condenser to the evaporator when the liq-

uid depth is greater. This is because the driving force for liquid flow is the height

difference hc − he. Increasing this height difference requires that both hc and h̄ in-

crease, he being bounded from below e.g. by 0.5mm. Furthermore, a larger h̄ reduces

flow resistance, resulting in reduced shear throughout the liquid layer. In other words,

increasing h̄ both enhances the driving force for fluid flow and reduces flow resistance.

Secondly, the thermosyphon tilt angle significantly impacts Q̇max, as shown in fig-

ure 2.7(a). This figure differs from the previously presented figure 2.4 as figure 2.4 is

plotted for a specific ∆T value of 40◦C. Q̇max rapidly increases with θ and a barely

perceptible 0.5◦ increase of inclination angle from θ = 0◦ to θ = 0.5◦ can, for the

relatively long heat pipe of interest here, double the maximum possible heat flux. By

extension, the maximum possible heat flux can increase by an order of magnitude if θ

is increased from 0◦ to 4◦. The enhancements just documented are due to the height
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difference between the condenser and evaporator, with the additional factor of L sin θ

being added to hc − he. Of course, when the thermosyphon orientation is horizontal,

different considerations apply in that L sin θ = 0 and increasing L serves to decrease

(rather than to increase) ṁl and therefore Q̇ – see e.g. (2.11).

Consistent with the discussion of the last paragraph, the length L also has a signif-

icant impact on both Q̇max and Q̇, and these influences depend on θ. When θ = 0◦,

Q̇max and Q̇ are inversely proportional to L. As L increases, the magnitude of dh/dx

decreases, resulting in a decrease in ṁl. In other words, increasing L leads to higher

viscous resistance encountered by the liquid returning from the condenser to the evap-

orator. If the length of the thermosyphon is doubled, Q̇max is therefore halved. How-

ever, the impact of L changes as θ increases. For θ > 0◦, the term (− cos θ · dh
dx
+sin θ)

in (2.13) becomes relevant to the calculation of the heat transfer rate. Further, in

case of large θ, the influence of the first term (− cos θ · dh
dx
) becomes less significant,

while the second term (sin θ) becomes more dominant, resulting in a lesser influence

of dh/dx and therefore of L.

Effect of vapor counter-flow on Q̇max

Figure 2.7(b) illustrates, for fixed inclination angle, the variation of Q̇max with H

and therefore with the severity of the vapor counter-flow. The results indicate that

at larger thermosyphon heights (H), the curves overlap perfectly, suggesting that

counter vapor flow has a negligible impact on Q̇max. This is attributed to the very

small interfacial shear stress due to the magnitude of H. Not surprisingly, the influ-

ence of the vapor counter-flow becomes more prevalent as H decreases and the vapor

velocity increases. Differences from the no vapor counter-flow case are especially ap-

parent for relatively large h̄ in which case Q̇max is comparatively large.
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2.3 Heat pipe modelling

The section compares the capillary limit (relevant to heat pipes) to the hydrostatic

limit (relevant to thermosyphons), shedding light on their differences and possible

ramifications in terms of the design or the selection of one vs. the other heat transfer

device. To this end, particular attention will be focused on details such as system

requirements and operating conditions.

2.3.1 Neglecting vapor counter-flow

The radial and overall heat transfer through the heat pipe, based on a thermal network

analysis is identical to (2.2). Here, R represents the overall thermal resistance across

the heat pipe, which can be defined as

R =
δ

KsLe

+
δ

KsLe

+
h

KeLc

+
h

KeLe

(2.26)

Here, h represents the wick thickness and Ke represents the effective thermal con-

ductivity of the wick saturated with liquid refrigerant. This latter quantity can be

defined as

Ke =
Kf [(Kf +Kw)− (1− ϵ′)(Kf −Kw)]

[(Kf +Kw) + (1− ϵ′)(Kf −Kw)]

where we have assumed that the wick is exactly saturated with liquid. In this last

equation, ϵ′ denotes the wick porosity and can be expressed as follows

ϵ′ = 1− πD2

4N2

Here, D represents the diameter of the mesh wires comprising the wick and N is

the mesh number.

The pressure drop, ∆Pl, experienced by a fluid as it flows through a porous medium

such as a wick can be obtained from Darcy’s law. To wit,

∆Pl =
µlLṁl

ρlκAw

(2.27)
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Here, κ denotes the wick permeability, and Aw refers to the wick cross-sectional area,

which represents the area of the wick (solid plus void space) that is perpendicular to

the direction of the liquid flow. The variables κ and Aw can be defined as follows:

κ =
D2ϵ′3

122(1− ϵ′)2
, Aw = hζ

During the operation of the heat pipe, vapor flows from the evaporator to the

condenser. The continuous deposition of water droplets in the condenser results in a

liquid-vapor interface that is nearly flat [1]. As a result, the capillary radius becomes

very large, and the pressure difference across the interface in the condenser section

approaches zero. Therefore, only the capillary pressure difference of the liquid-vapor

interface in the evaporator is responsible for liquid transport along the length of the

wick. The pressure difference across the liquid-vapor interface can be calculated using

Laplace’s equation. Doing so, and applying (2.27) and ṁl = Q̇/hfg yields

∆Pl = ∆Pc =
σ

Rc

=
µlLQ̇

ρlκAwhfg

(2.28)

Here it is assumed that ∆Pv ≪ ∆Pl. In this context, σ denotes the surface tension

and Re is the capillary radius as measured in the evaporator. The determination

of Rc is critical in assessing the bounds of the solution space. Specifically, Rc must

be greater than Rc,min = (W − D)/2. Any solutions falling outside this range are

unphysical. Thus the decision of whether to accept or reject a particular solution can

be made by solving (2.28) for Rc with Q̇ replaced by ∆T/R c.f. (2.2).

Complementing figure 2.3 (a), figure 2.8 illustrates, for the heat pipe case, the vari-

ation of Q̇ with h̄. Here h̄ represents the average liquid depth, which is defined as

the liquid layer depth after removing the wick (i.e., h̄ = hϵ′). Increasing the wick

thickness decreases Q̇; again, this is due to the presence of excess liquid, which in-

creases the wick thermal resistance in the condenser section. Also consistent with

our previous analysis, Q̇ increases with ∆T as indicated by the upward shift of the
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Figure 2.8: Variation of Q̇ with h̄ for different ∆T at W/D =1.5 and θ=0.2◦.

curves in figure 2.8. Furthermore, as ∆T increases, the curves also shift to the right.

As before, the increase in radial heat flux needs to be balanced by the axial return

of liquid from the condenser to the evaporator. The axial flow in question requires a

minimum liquid volume. Therefore, and as ∆T increases, it is necessary to increase

the minimum value of h̄.

Figure 2.9 illustrates the variation of Q̇ with h̄ for fixed ∆T but different W/D.

Larger W/D values correspond to larger wick porosities, ϵ′. There are three key ob-

servations that can be drawn from this figure 2.9. Firstly, similar to the previous

case, for a given wick porosity, an increase in wick thickness leads to a decrease in Q̇.

The figure 2.9 (a) also shows that a higher heat transfer rate is realized by decreas-

ing W/D. There are two reasons for this: (i) less porous wicks contain more solid

material compared to void space and therefore enjoy larger Ke, and, (ii) screen-type

wicks with closely-spaced wires can achieve smaller radii of curvature and therefore

a greater driving force for capillary-induced flow. Thirdly, the starting points of the

curves shift to the right as W/D is decreased. This shift follows from the fact that,

by decreasing W/D, we simultaneously increase the axial flow resistance. Such a
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Figure 2.9: Variation of Q̇ with h̄ for different W/D and ∆T = 60◦C (a) at θ = 0◦

and (b) θ = 10◦.

resistance requires a certain minimum fluid depth to overcome hence the increase in

the minimum value of h̄.

For small h̄, the heat pipe functions effectively only when W/D is relatively large.

This situation occurs when the liquid layer is thin, and the wick has high porosity

and therefore a large permeability to facilitate the return flow of liquid (by capil-

lary pumping). Note that although Q̇ can become quite large in the thin wick limit,

operating a heat pipe within this parameter range comes with inherent risks. Even

a slight reduction in the liquid mass (due to slow leakage, for example) or a minor

decrease in the W/D ratio (resulting from a manufacturing defect) can easily lead to

heat pipe dry-out.

When the heat pipe is titled through an angle θ, the factor ∆Pl must be replaced

by ∆Pl = ∆Pc+ρgL sin θ. Thus do we find that the overall heat transfer is enhanced

when θ > 0◦ such that the evaporator lies below the condenser. Substituting ∆Pc =
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σ/Rc into this new expression for Pl, Rc can be written as

Rc =
σ

∆Pl − ρgL sin θ
(2.29)

The results depicted in figure 2.9 (b) demonstrate the correlation between Q and h̄

when the heat pipe is inclined at an angle of θ = 10◦. In addition to the capillary pres-

sure difference (σ/Rc ≈ 3000Pa·s), the hydrostatic pressure (ρgL sin 10◦ ≈ 1730Pa·s)

plays a crucial role by exerting an additional driving force for liquid flow. Conse-

quently, even with a comparatively thin wick, there is enough liquid to sustain a heat

flux that could, in the horizontal inclination, only obtain with larger h̄. Furthermore,

the presence of a thin wick leads to smaller values of R, resulting in larger possible

Q̇ for a given temperature difference ∆T .

2.3.2 Consideration of vapor counter-flow

In the preceding subsection, we ignored the influence of vapor counter-flow. Now we

include this effect and find that Darcy’s law must be modified so as to include the

effect of the shear stress applied along the liquid-vapor interface. To this end, we

consider the Brinkman equation, which is derived from Darcy’s law but includes a

viscous shear dissipative term [83]. The simplified version of Brinkman’s equation for

the liquid phase reads as follows:

µl

ϵ′
∂2ul

∂y2
− µlul

κ
=

∂Pl

∂x
−ρgx ⇒ 1

ϵ′
∂2ul

∂y2
− ul

κ
= Πl =

1

µl

(︃
∂Pl

∂x
− ρlgx

)︃
(2.30)

The equation for vapor counter-flow remains unchanged from the thermosyphon case

of (2.18) and (2.19) from subsection 2.2.4. Since Πl and Πv are solely functions of x.

Solving (2.30) and (2.18) results in the following general expressions for ul and uv:

uv = Πv
y2

2
+D1y +D2

ul = B1 exp

(︄√︃
ϵ′

κ
y

)︄
+B2 exp

(︄
−
√︃

ϵ′

κ
y

)︄
− Πlκ

52



Here, B1, B2, D1, and D2 are constants because, modulo an inconsequential change of

liquid depth in x, the liquid and vapor flow profile remain unchanged along the length

of the heat pipe. The constants in question will be functions of Πv and Πl and can be

determined by applying the following four boundary conditions: (i) uv(y = H) = 0,

(ii) ul(y = 0) = 0, (iii) ul(y = h) = uv(y = h), and (iv)

∂ul

∂y
− ϵ′

∂uv

∂y
− aϵ′√

κ
ul = 0

This latter equation between the porous medium liquid flow and the free medium

vapor flow specifies an Ochoa-Tapia and Whitaker (1995)-type boundary condition

that describes the shear stress exerted by the flowing vapor [84]. Here, a is a non-

dimensional, O(1) coefficient that characterizes the excess stress along y = h. For

convenience, we set a = 1 in the discussion to follow.

By applying the expressions for uv and ul, the mass flow rates ṁl and ṁv can be

calculated as follows:

ṁl = ζρl

∫︂ h

0

uldy

ṁl = ζρl

[︄
B1

√︃
κ

ϵ′

(︄
exp

(︄√︃
ϵ′

κ
h

)︄
− 1

)︄
−B2

√︃
κ

ϵ′

(︄
exp

(︄
−
√︃

ϵ′

κ
h

)︄
− 1

)︄
− Πlκh

]︄
(2.31)

ṁv = ζρv

∫︂ H

h

uvdy = ζρv

[︃
Πv

6

(︁
H3 − h3

)︁
+

D1

2
(H2 − h2) +D2(H − h)

]︃
(2.32)

The expressions obtained for B1, B2, D1, and D2 using the four boundary condi-

tions can be inserted into equations (2.31) and (2.32). Making these substitutions,

the values of Πl and Πv can be determined by recognizing that ṁl = −ṁv = (Q̇/hfg)

where, as usual, the rate of heat transfer is determined from Q̇ = ∆T/R.
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Figure 2.10: Performance comparison between thermosyphon and heat pipe at θ = 0◦.

The values of Πl and Πv are obtained using (2.31) and (2.32), respectively. Subse-

quently, α and Rc are evaluated by rearranging Πv =
α
µv

and Πl =
1
µl

(︂
σ

RcL
− ρlg sin θ

)︂
,

respectively. In the latter case, the expression for Rc is found to read

Rc =
σ

L(Πlµl + ρlg sin θ)
(2.33)

As in subsection 2.3.1, the determination of Rc is important in evaluating the physical

acceptability of our solution.

The inclusion of counter vapor flow in our study yielded results that closely match

with the findings in subsection 2.3.1. This outcome can be attributed to the presence

of a wick within the heat pipe, which decreases the area of the liquid-vapor interface.

Consequently, this reduction in interfacial area results in a decrease in shear stress at

the interface.
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Figure 2.11: Performance comparison between thermosyphon and heat pipe at θ =
0.5◦.

2.4 Performance comparison: heat pipe vs. ther-

mosyphon

In the previous sections, we examined how different geometric parameters influence

the rate of heat transfer in a thermosyphon and in a heat pipe. Another crucial aspect,

although not given as much emphasis, is to directly compare the performance of these

two heat transfer devices. The performance comparison in question is illustrated by

figure 2.10, specifically for the case where θ = 0◦. For sufficiently small liquid charges

(i.e. fill mass ¡ 0.09 kg), the capillary pressure difference in case of the heat pipe

and the hydrostatic pressure difference in case of the heat pipe is not strong enough

to replenish the liquid that is evaporated in the evaporator. Thus a state of dryout

exists. Of greater interest is the region where the fill mass exceeds 0.09 kg for which

a direct comparison can be made between the rate of heat transfer associated with

the thermosyphon (red curve) as compared to a heat pipe (other curves, demarcated

by W/D).
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As the fill mass increases within the range of 0.1 kg to 0.15 kg, a crossover point

occurs between the thermosyphon and a heat pipe having W/D = 2 or W/D = 2.5.

At this crossover point, both devices exhibit equal Q̇. By contrast, figure 2.10 shows

that the red and blue curves (corresponding, respectively, to the thermosyphon and

to a heat pipe with W/D = 1.1) never intersect: owing to the low wick porosity

associated with such a small value of W/D, the blue curve applies only for a fill

mass of more than approximately 0.28. Over this range, capillary pumping proves

the more effective mechanism of liquid return and radial heat conduction is aided by

the comparatively large solid fraction within the wick. For these reasons, the blue

curve remains above the red curve. More interesting, therefore, is the comparison

between the thermosyphon and a heat pipe having W/D = 1.5 (teal curve). Here, we

find that the rate of heat transfer is nearly identical (though, granted, the heat pipe

experiences dryout at a larger fill mass than does the thermosyphon).

Figure 2.11 performs a similar comparison to figure 2.10 but now for the case

θ = 0.5◦. In the inclined scenario, both the heat pipe and thermosyphon benefit from

gravity, which helps to drive the return flow of liquid to the condenser. However, in

the case of the heat pipe, the gravity-driven flow faces additional viscous resistance

as it flows through the porous medium comprising the wick. Of course, no such

restriction applies for the thermosyphon for which the wick is absent and the liquid

presents as a freely flowing thin film. In turn, the depth of this film is not limited by

the wick height as it is in the case of the heat pipe. For this reason, and given the

long lengths of heat pipes and thermosyphons considered here, we note from figure

2.11 that the red curve lies significantly above the counterpart curves corresponding

to heat pipes having different W/D. If the length of the heat pipe and thermosyphon

were to be reduced, the benefit derived from inclining the thermosyhon would be less

and the gap between the red curve and the other curves of figure 2.11 would close.
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2.5 Hydrostatic limit as a replacement of the cap-

illary limit

This section aims to explain the limits associated with hydrostatic-driven flow and

with capillary-driven flow. More specifically, we ask about the implications of replac-

ing the capillary limit (applicable to heat pipes) with the hydrostatic limit (applicable

to thermosyphons).

Similar to the colored curves of figure 2.3 (b), the hydrostatic limit is defined from

the maximum heat flux that a thermosyphon can realize for a given geometry and fill

fraction. The variation of the hydrostatic limit with the operating temperature can

be derived by replacing the factor of ∆T that appears in (2.2) with a corresponding

expression involving Top. More precisely, we note that

Top =
Te + Tc

2
=

∆T

2
+ Tc =

Q̇R

2
+ Tc (2.34)

Equation (2.34) must be interpreted with care because it seems to suggest a linear

correlation between Q̇ and Top. In reality, however, R also changes with Top sug-

gesting a nonlinear relationship between the variables in question. This nonlinearity

applies both when considering the hydrostatic as well as the capillary limit. With

(2.34) to hand, we turn to figure 2.12 for which θ = 0◦ and the thermosyphon design

remains the same always. while Top varies with ∆T as prescribed by the following

formula: In figure 2.12 (a), an increase in Q̇ is associated with an increase in Top. It

can be observed that increasing h̄ results in a decrease in Q̇ due to the higher radial

thermal resistance. Another crucial aspect to consider is that, for small h̄ values, the

thermosyphon operates up to a limited Top. This limitation arises because decreas-

ing h̄ simultaneously decreases he, whose minimum possible value (e.g., 0.5mm) is

approached as Top is increased. Consequently, for a fixed h̄, there exists a critical

threshold beyond which Q̇ cannot be further increased, leading to thermosyphon fail-

ure.
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Figure 2.12: Hydrostatic limit vs. capillary limit at θ of 0◦ for different h̄. (a) Hydro-
static limit (b) Capillary limit.

The capillary limit for a heat pipe is determined using a similar analysis as the

hydrostatic limit. Here, however, the maximum flow rate is associated, in the evap-

orator, with a minimum radius of curvature rather than with a minimum elevation

or liquid pool depth. In figure 2.12 (b), the variation of Q̇ with Top is presented for

different fill ratios (h̄) of a heat pipe with a fixed W/D ratio of 1.5. The curves in

the plot represent the capillary limit, demonstrating that as Top increases, Q̇ also

increases for different h̄. However, it is noteworthy that increasing h̄ results in a

reduction of Q̇ due to the increased radial thermal resistance of the wick structure.

Considering both panels of figure 2.12 simultaneously, several qualitative similari-

ties can be observed. First, there is an increase in Q̇ as Top increases, and a decrease in

Q̇ as h̄ increases. However, despite these similarities, an important distinction exists

between figure 2.12 (a) and figure 2.12 (b). Notably, the hydrostatic limit operates at

larger values of Q̇ and extends to higher Top compared to the capillary limit for all

h̄ values considered. Unfortunately, this last observation is not universal and instead

depends on the properties of the wick, here quantified by W/D. Thus if W/D is
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increased to 1.5 (not shown), there exists a region of the parameter space (consisting

of large h̄) for which the limit associated with the hydrostatic limit is more grave

than that associated with the capillary limit. In summary, therefore, the question of

whether a heat pipe or thermosyphon will offer superior performance is nuanced and

cannot be answered definitively without consideration of W/D, Top range, and h̄.

2.6 Conclusion

In the context of thermosyphon design, there exists a balance between the operational

heat transfer rate (Q̇op) and the hydrodynamic heat transfer rate (Q̇hydro), which is

represented by the maximum heat transfer rate, Q̇max. This equilibrium point is cru-

cial in optimizing the performance of thermosyphons. Deviation from the optimal

filling level in the thermosyphon, whether due to overfilling or underfilling, can re-

sult in dry-out or performance deterioration, respectively. However, relying solely on

operating at Q̇max can be a risky strategy, as any leakage of the working fluid can

lead to dry-out. Inclining the thermosyphons enhances performance by increasing the

heat transfer rate (Q̇) for a given h̄. For a fixed thermosyphon design, inclining the

thermosyphon provides a range of h̄, where Q̇max is achieved. The variation Q̇max or

Q̇ is also influenced by vapor counter-flow. At extremely high rates of heat trans-

fer, the impact of vapor counter-flow becomes significant and needs to be taken into

consideration. Hence, modeling the effect of vapor counter-flow becomes crucial in

determining the optimal performance of thermosyphons.

When the W/D ratio is fixed in a heat pipe, the heat transfer rate (Q̇) decreases

as the wick thickness or the average liquid depth (h̄) increases due to an increase in

radial thermal resistance. In general, a smaller W/D ratio leads to a higher Q̇ because

of a lower radial thermal resistance. However, a larger W/D ratio results in a higher

Q̇max. This phenomenon occurs because a thin wick with a higher W/D ratio can

accommodate more liquid, leading to enhanced capillary-driven flow. Consequently,
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this enables a higher maximum heat transfer rate (Q̇max) to be achieved.

In comparison, thermosyphons tend to perform better compare to heat pipe for

large h̄ and large W/D. Conversely, heat pipes perform better for small h̄ values

and large W/D. The work of section 2.4 is mainly beneficial when choosing a heat

pipe or thermosyphon for heat transfer. In addition to aiding in qualitative selection

decisions, it also offers a quantitative guidance that assists in best performing solution.

In thermosyphons, a performance limit is defined as the hydrostatic limit. This

limit can be utilized in thermosyphons to replace the capillary limit on the “fun-

damental diagram” of heat pipes. Similar to the capillary limit in the heat pipe

limiting curve, a defined hydrostatic limit can also be incorporated into the funda-

mental diagram of thermosyphons. This comprehensive approach allows for a better

understanding of the heat transfer characteristics and limitations of thermosyphons.
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Chapter 3

Experimental study on
R1234yf/R134a mixture (R513a)
as R134a replacement in heat pipes

3.1 Introduction

Numerous industries are culpable for greenhouse gas emissions, including the refrig-

eration and air conditioning sector, which poses a considerable threat due to its

generation of copious amounts of harmful refrigerant gas [85]. The Heating, ventila-

tion, and air conditioning (HVAC) industry, which heavily depends on refrigerants, is

expanding at a rapid pace and is a major perpetrator of global warming. Once these

refrigerants, in particular hydrofluorocarbons (HFCs), escape into the atmosphere,

they become significant contributors to climate change [65–67, 86]. In 2015, HFCs

only accounted for around 2% of greenhouse gas emissions, but their contribution

is expected to rise to 9 – 20% by 2050 [Canada gazette (2015)][68]. Owing to their

substantial impact on climate change relative to carbon dioxide, HFCs have been

categorized as greenhouse gases under the Kyoto Protocol (UN, 1997) [87, 88]. Over

the past decade, several countries have established plans and protocols to decrease

the use of HFCs in heating, ventilation, and air conditioning (HVAC) systems, such

as the Montreal Protocol [89]. These initiatives to mitigate the detrimental impacts

of climate change have resulted in elevated costs for HFC refrigerants. In response,
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researchers are examining the thermodynamic properties of low global warming po-

tential (GWP) refrigerants, which offer a more environmentally and economically

sustainable alternative [90–92]. Therefore, the HVAC industry is persistently striving

to reduce carbon and HFC emissions. In the immediate future, the sector’s focus will

shift towards replacing HFCs with low-GWP refrigerants to minimize their impact

on the environment. It will be imperative to evaluate the suitability of alternative

fluids in existing systems and to determine whether performance analysis of refriger-

ant systems could enhance performance.

R513a’s refrigerant touts a Global Warming Potential (GWP) of 573, a remark-

able decrease of 60% compared to its predecessor R134a (refer table 3.1). Such an

achievement elevates R513a to a potential candidate to supplant R134a as a suitable

alternative. Although the refrigerant’s boiling point and thermal heat capacity are

on par with that of R134a, R513a’s other properties, namely vapor pressure, surface

tension, density, and thermal conductivity, may exhibit substantial variation. Given

such modifications, it is of utmost importance to meticulously consider their impact

prior to transitioning to this new refrigerant.

Essentially, the implementation of R513a requires modifications to the system de-

sign in order to ensure consistent performance. R513a is versatile, applicable to a

plethora of heat transfer applications, water coolers, air conditioners, heat pumps,

and ice arenas. This eco-friendly and energy-efficient refrigerant is increasingly em-

braced by industries, especially heat pump manufacturers. Research has explored

the transition from R134a to R513a in various HVAC applications, including heat

pumps, refrigerators, and other systems. Although R513a’s altered properties may

impact performance, such drawbacks can be alleviated by modifying the internal de-

sign. Despite the numerous studies on transitioning from R134a to R513a, there is a

paucity of research on transitioning from R513a to R134a in heat pipe applications.
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The heat pipe sector represents a lucrative market valued at $1 billion and is pro-

jected to sustain a Compound Annual Growth Rate (CAGR) of 6.17%, according to a

recent report by Technavio (September 2021)[69]. Nevertheless, a dearth of research

on the transition of heat pipes to R513a has left most companies reliant on traditional

refrigerants. Unfortunately, there are few, if any, efficacious approaches for converting

to R513a at present.

The paradigm shift towards eco-friendly refrigerants such as R513a, away from the

harmful R134a, has noteworthy implications for the engineering design of heat pipes.

There exist various elements that have an impact on heat pipe performance, including

the heat pipe’s design (e.g., length, internal diamateter (ID), outer diameter (OD),

evaporator and condenser lengths, and adiabatic length), operational parameters (Q̇),

refrigerant types, among others. However, when considering only the interchange of

refrigerants, these factors can remain constant throughout the experiments. On the

other hand, the variation in fill ratio or the mass of working fluid injected into the

interior of the heat pipe is arguably the most crucial parameter in determining heat

pipe performance. If the mass is inadequate, the evaporator may experience “local

dry-out”, in which dry regions of the evaporator are prone to overheating. Conversely,

if the fill mass (M) increases too much, the depth of the liquid pool that gathers in

the evaporator may become too deep, leading to additional thermal resistance at the

evaporator end of the heat pipe. Predicting the optimal value of M is a challenging

task due to the complex nature of both factors: the effect on the liquid pool and

local dry-out. Additionally, one factor has a negative influence while the other has a

positive influence.

Our study demonstrates that merely substituting R513a for R134a in a heat pipe

can result in considerable disparities in performance. By analyzing these discrepancies

concerning heat input and refrigerant mass added to the heat pipe, we gain valuable
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insights into the critical factors that influence overall heat pipe performance. Our

investigation presents substantial evidence that compares the performance of both

refrigerants for smooth (thermosyphon) and grooved heat pipes. We conducted ex-

periments with both types of heat pipes using R513a and R134a refrigerants, allowing

us to compare refrigerant performance based on the fill mass and angle of inclination

(θ). Our findings offer guidance for transitions from R134a to R513a and indicate

when design modifications may be necessary. Moreover, they provide an understand-

ing of how to adjust design parameters to achieve similar levels of performance.

3.2 Experimental Details

3.2.1 Heat pipe specifications

In our experiments, we employ a total of 20 heat pipes, which are pre-filled with re-

frigerants. These heat pipes are crafted from high-quality copper (type K, Engineered

Air), sealed at both ends, and equipped with a Schrader valve (CD4460B, C&D valve)

positioned at the middle point. A vacuum pressure of 92±2µm of mercury is created

in the heat pipe to remove the air before sealing the ends. The valve is used to intro-

duce different fill mass (M) of refrigerants. These heat pipes are equipped with two

different options for the inner surface, which are then paired with two different refrig-

erants and five distinct fill masses (M). Accurately determining the actual fill ratio

of liquid present in the heat pipe necessitated careful consideration of the heat pipe

dimensions. The dimensions of the heat pipes are as follows: a length of 1.2±0.02m

and inner and outer diameters of 14.5±2mm and 16.5±2mm, respectively. Through-

out the experiments, the length of the evaporator is set to 0.45±0.01m, the condenser

is set to 0.45±0.01m, and the adiabatic section is set to 0.3±0.01m. The grooved

internal surface of the heat pipe is engineered to feature a highly intricate, triangular-

shaped helical groove with an height of 400±10µm and a base width of 200±5µm,

with a helix pitch length equal to 400±8µm. The variation in liquid height inside

64



the heat pipe at a given inclination angle is calculated by considering geometrical

parameters and density data of both the liquid and vapor states.

3.2.2 Experimetal setup

The experimental setup for the heat pipe system consists of an evaporator, adiabatic,

and condenser sections, as shown in figure 3.1. Aluminium blocks were assembled

to create a cylindrical space, which is suitable for housing the heat pipe. In figure

3.1, the evaporator section, representing the heat input end, is indicated by the red

arrow, while the condenser section, representing the heat output end, is denoted by

the blue arrow.

The evaporator section of the experimental setup consists of four aluminum blocks,

each measuring 11.25 cm in length. These blocks are assembled in series, forming a

cylindrical shape with a diameter equal to the outer diameter (OD) of the heat pipe.

Each block in the evaporator section is equipped with four electric heating units

(26008, Tutko), each having an electrical resistance of 2Ω. In total, the evaporator

section contains 16 resistance heaters, with each heater’s resistance arranged in paral-

lel within an electric circuit. The heat input to the evaporator section is controlled by

adjusting the voltage supplied to the electric circuit. To regulate the voltage supplied

to the cartridge heaters, we utilized a DC Power Supply (1687B, B&K Precision) as

part of the setup.

The adiabatic portion is just the exterior of the heat pipe positioned between the

evaporator and condenser sections.

The design of the condenser section is similar to that of the evaporator section, but

it incorporates cooling channels to maintain fix temperature at the condenser end.

The condenser section of the heat pipe setup consists of cooling blocks, each with a
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Figure 3.1: Schematic of the heat pipe experimental setup. Red arrow: evaporator
section and Blue arrow: condensor section.

length of 45 cm, which share a design resembling the heating blocks and are assem-

bled to form a cylindrical shape between them. The condenser block serves as a heat

exchanger, and the blocks are connected with channels that facilitate the axial cir-

culation of chilled ethylene glycol throughout the assembled blocks. Inlet and outlet

ports are connected to a cooling unit (9106A11B, Polyscience) that pumps ethylene

glycol at a controlled temperature of -10◦C. This coolant enables us to achieve the

necessary operating temperature.

Each condenser and evaporator is equipped with five T-type thermocouples (5SRTC-

TT-T-20-36, OMEGA), which are spaced at 10 cm intervals. The precise axial po-

sition and coordinates of all these thermocouples are depicted in Figure 3.2. These

thermocouples have a resolution of 0.1◦C and an accuracy of ±1◦C. The calibra-
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Figure 3.2: Schematic of heat pipe (image not to scale). Thermocouples’ axial po-
sitions: T1 (2.5 cm), T2 (12.5 cm), T3 (22.5 cm), T4 (32.5 cm), T5 (42.5 cm), T6
(50 cm), T7 (55 cm), T8 (60 cm), T9 (65 cm), T10 (70 cm), T11 (77.5 cm), T12
(87.5 cm), T13 (97.5 cm), T14 (107.5 cm), and T15 (117.5 cm).

tion accuracy between 0◦C to 100◦C is ±0.8◦C. To prevent electrical short circuits

caused by direct contact between the heat pipe and thermocouples, we securely at-

tach the thermocouples to the heat pipe using thermally conductive and electrically

insulating tape (8810, 3M). Additionally, insulating tape is applied at the tip of each

thermocouple to prevent electrical short circuits. The temperature data captured

by the thermocouples is collected by a custom-made data acquisition (DAQ) system

(Custom, Made in-house). The temperature data can be accessed through the serial

monitor integrated into an Arduino IDE on a personal computer.

The temperature in the adiabatic section is measured using five K-type thermocou-

ples (GK11M, Test Products Int), which are positioned at distances of 6 cm one from

the other. The adiabatic temperature data is not utilized in the calculation; instead,

we opted for a relatively imprecise and more cost-effective option. The position of all

these thermocouples is depicted in figure 3.2. Additionally, a Fluke 54-2 B dual-input

data logging thermocouple thermometer (52-2, FLUKE) is used to manually record

temperature data from five K-type thermocouples. These thermocouples have a res-

olution of 0.1◦C and an accuracy of ±2◦C. The calibration accuracy between 0◦C to

100◦C is ±1.3◦C.
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Before commencing the experiments, all three sections, namely the evaporator, adi-

abatic, and condenser sections, were adequately insulated with glass fiber to minimize

heat loss. The heat pipe assembly is mounted on a table with one degree of freedom,

which allows for the inclination of the heat pipe through various angles (refer to fig-

ure 3.1). The table can be adjusted to any angle between -90◦ and 90◦, providing

flexibility in the orientation of the heat pipe for experimental purposes. This allows

for studying the effect of inclination angle on the performance of the heat pipe.

Properties R134a R513a

Composition Pure 44(R134a)/56(R1234yf)

Safety classification A1 A1[93]

100-year GWP 1430 570[94]

Tb (
◦C) -26.07 -28.3

hfg
a (kJ/kg) 198.6 171.27

ρl
a (kg/m3) 1294.8 1226.5

ρv
a (kg/m3) 14.4 16.1

Kl
a (mW/m3/◦C) 92.0 79.9

Kv
a (mW/m3/◦C) 11.5 11.7

µl
a (µPa-s) 0.18 0.28

µv
a (µPa - s) 10.7 10.5

σa’[95] 108 99

Table 3.1: Thermophysical properties of R513a and R134a [96]. The superscript ‘a’
indicates properties measured at 0◦C

3.2.3 Refrigrents properties

The working fluids used in these experiments are R134a and R513a. R513a is a blend

of 44% R134a and 56% R1234yf. Although the properties of R134a and R513a, as

seen in Table 3.1, are comparable, R513a has no ozone-depleting potential and a 60%

lower global warming potential, making it a greener option [94]. R513a can be used in
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many R134a systems without design modification due to its several similar thermo-

physical properties, and due to the fact that it is also non-toxic and non-flammable

(ASHRAE safety classification) [97], making it suitable for heat pipe experiments. In

summary, this choice of working fluids allows for environmentally friendly and safe

experimentation while minimizing the need for system modifications.

3.2.4 Design of experiments

The experiments aimed to establish a temperature gradient along the heat pipe.

To achieve varied heat inputs ranging from 10 to 70W in increments of 10W, the

voltage (V ) of the cartridge heater input variable was adjusted. After setting the

input power, the system was allowed to reach an equilibrium state, defined as a

temperature difference of less than 0.1◦C between the evaporator and condenser,

within 10min. During this stage, temperature measurements were recorded for the

evaporator, condenser, and adiabatic sections.

Te =
T1 + T2 + T3 + T4 + T5

5
(3.1)

Tc =
T11 + T12 + T13 + T14 + T15

5
(3.2)

R =
∆T

Q
=

Te − Tc

Q
(3.3)

Top =
Te + Tc

2
(3.4)

The average temperature of the evaporator (Te) and condenser (Tc) is calculated by

taking the arithmetic average of the measurements from five thermocouples in each

respective section, as shown in (3.1) for the evaporator and (3.2) for the condenser.

Moreover, the thermal resistance (R) and operating temperature (Top) of the heat

pipe are determined using (3.3) for thermal resistance and (3.4) for the operating
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temperature.

The investigation progressed by gradually increasing the heat inputs, and reverse

trials were conducted to ensure consistency of results. Each experiment was conducted

twice, and the reported findings represent the average of those recordings. The de-

viation between the two experiments was found to be smaller than the instrumental

error; therefore, the deviation of the experiments is not reported.

3.2.5 Investigating the effect of θ on heat pipe performance

Figure 3.3: R variation with θ at Q̇=30W and M=40 g

This section delves into the performance evaluation of a grooved heat pipe and a

smooth heat pipe with tilt angles (θ), aiming to establish a correlation between their
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performance and θ. A positive θ denotes a downward inclination of the heat pipe,

whereas a negative θ denotes an upward inclination – refer figure 3.2. During these

specific experiments, both smooth and grooved heat pipes were subjected to power

inputs of 20 W and 30 W, with corresponding masses (M) of 40 g and 60 g. The

trend observed remained similar regardless of the heat transfer rate (Q̇) and mass

(M). Therefore, we chose to report the results only for an M of 40 g and a Q̇ of 30

W. The corresponding thermal resistance (R) variation with inclination is presented

in figure 3.3.

The results reveal that the thermal resistance (R) is initially high for negative θ

values due to the opposing effect of gravity and insufficient capillary force. As θ in-

creases, R decreases. Notably, R exhibits high sensitivity in the vicinity of θ near 0◦.

However, as θ surpasses 0.5◦, the reduction in R becomes minimal, and eventually, R

reaches a stagnant state. This behavior is attributed to the dominance of gravity in

the return of flow at positive θ. The theoretical analysis in Chapter 2 confirms that

increasing θ affects R primarily at small values, while it remains unchanged beyond a

certain threshold. The stagnation of R is further supported by the absence of signif-

icant changes at θ of 30◦ (not reported). Previous studies have shown that grooved

heat pipes, which utilize capillary forces to counteract gravity and supply sufficient

liquid to the evaporator, can avoid the sharp transition in heat transfer near θ = 0◦

[98].

Based on these results, we concluded that conducting experiments at specific angles

of inclination, such as θ=0.5◦ and 4.5◦, allows for extrapolation of the findings to any

angle greater than 0.5◦.
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3.3 Results and discussions

3.3.1 Experimental study of a helically grooved heat pipe at
inclination θ = 4.5◦

R variation with Q̇

Figures 3.4 and 3.5 demonstrate that for both R134a and R513a, R decreases with

increasing Q̇ regardless of M . The behavior of these refrigerants is influenced by sev-

eral parameters, such as vapor density, vapor pressure, liquid viscosity, latent heat,

and vapor viscosity. The most significant decline in R occurs in the 10W to 20W

range for every M , beyond which the rate of decrease slows. In the case of R134a,

and as Q̇ increased from 10W to 70W at 20 g, the vapor pressure and density exhib-

ited increases of 50-60% and 100%, respectively (refer appendix table B.8 and B.9).

Meanwhile, the liquid viscosity decreased by 30% (see appendix B.7 ). Other ther-

mophysical properties, such as the latent heat and liquid thermal conductivity and

density, showed minor changes of less than 5%. The significant change of R exhibited

in figure 3.4 is therefore believed to result from the sharp increase in vapor pressure

and density and the sharp decrease in liquid viscosity, resulting in the observed trend

that R decreases with increasing Q̇. Similar variations apply for higher M .

The reason behind R decreases with Q̇ is that at low heat flux (10W), the working

temperature remains small (-4.95◦C), leading to a small difference in vapor pressure

between the evaporator and the condenser. Consequently, the small pressure gradi-

ent, along with low vapor density, restricts vapor mass flow. Increasing power from

10W to 20W causes a more significant decrease in R than the increase from Q̇=60W

to 70W. At small Q̇, when Top is relatively small, any minor increase in Q̇ leads,

proportionally, to a large increase in vapor pressure. As Q̇ increases, the vapor pres-

sure also increases, but the proportional change is smaller than what is observed at

smaller operating temperatures. Additionally, increasing Q̇ from 10W to 20W re-
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sults in a much larger increase in Top than when Q̇ is incremented from 60W to 70W.

The same trend between R and Q̇ is observed for R513a, as shown in figure 3.5.

Similar to R134a, the behavior of R513a is influenced by various parameters such as

the vapor density, vapor pressure, and liquid viscosity. For a grooved heat pipe with

R513a refrigerant and a mass of 20 g, increasing Q̇ from 10W to 70W results in a

70% increase in vapor pressure and a 70% increase in vapor density, while the liquid

viscosity decreases by 20% (refer appendix tables B.11, B.12, and B.10). Similar to

R134a, the increase in power from 10W to 20W causes a more significant decrease

in R than the increase from 60W to 70W due to the same reasons explained earlier.

Figure 3.4: R variation of grooved heat pipe at θ=4.5◦ for R134a
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Figure 3.5: R variation of grooved heat pipe at θ=4.5◦ for R513a

R variation with M for R134a and R513a

The variation of heat pipe thermal resistance (R) with fill mass (M) exhibits a peculiar

pattern, as illustrated for R134a in figure 3.4. The figure demonstrates that the

minimum R, regardless of Q̇, is observed when M = 20 g after which it increases

to a higher R-value before plateauing or showing only a marginal increase at higher

M (i.e., 40 g, 60 g, 80 g and 100 g). This anomalous behavior can be attributed to

the grooved structure of the heat pipe’s interior surface and to the properties of

the refrigerant. In the case of grooved heat pipes, the helical grooves facilitate the

uniform spreading of the refrigerant on the interior surface. The efficacy of this

spreading process depends on the dimensions of the groove and the thermophysical

properties of the refrigerant, such as surface tension and density. If the properties

74



Figure 3.6: ∆R variation for grooved heat pipe at θ=4.5◦

allow for uniform liquid spreading, the liquid will be distributed throughout the entire

surface of the heat pipe, instead of forming a stagnant liquid pool. The effectiveness of

the refrigerant distribution and its uniformity can be estimated with reference to the

capillary rise, which provides indirect information about the circumferential spread

of the liquid. The capillary rise expression is given as

hrise =
2σ cos θc

rρg
(3.5)

where r is the groove spacing, ρ is the liquid density, σ is the surface tension, and

cos θc is assumed to be equal to 1 due to the small contact angle, θc, for both refrig-

erants. Based on surface tension data and groove parameters, it can be calculated

that the liquid rise height in the groove is greater than 11mm, which is very close to

the internal diameter of the heat pipe (ID ≈12mm). Consequently, local dry-out can

be largely avoided. This fact is experimentally corroborated by the minor decrease in

temperature observed in the evaporator section (from the 1st to the 5th thermocouple)
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irrespective of Q̇ and M [refer to B.1].

Thus, the plot in figure 3.4 shows that the lowest thermal resistance is observed

when at an M of 20 g, regardless of Q̇. Furthermore, our calculations indicate that

an M of 25 g (at Top=0◦C) is required to entirely fill the grooves. At higher M

(i.e., 40 g), the grooved wick becomes oversaturated throughout its entire length.

The overly saturated wick possed higher thermal resistance in the condenser and

obstructed pure radial heat conduction.

The increase in radial thermal resistance of the condenser shows a significant in-

crease in condenser temperature. Moreover, the excess liquid accumulates at the evap-

orator section, resulting in additional marginal liquid pool resistance or marginally

higher thermal resistance. Thus, a significant increase in radial thermal resistance

supported by a marginal increase in liquid pool resistance leads to a significantly

higher value of R at 40 g. Even at higher values of M (i.e., M ≥ 60 g), the wick is

already saturated and does not contribute to the radial heat flux in the condenser.

Therefore, increasing M further only leads to a deeper liquid pool in the evapora-

tor. Hence, R increases marginally, as the thermal resistance of the liquid pool does

not change significantly with an increase in pool size because of the high thermal

conductivity of R134a.

Figure 3.5 depicts the impact of M on R in the case of R513a. The plot demon-

strates that increasing M leads to a decrease in R, contrary to the behavior of R134a.

Specifically, the maximum R for R513a is observed at 20 g, regardless of Q̇, and it

decreases with an increase in fill fraction (i.e., 40 g, 60 g and 80 g) until R reaches a

minimum value at 100 g of M .

The primary reason for this anomalous behavior with R513a is its low surface

tension, which is 20-40% lower than that of R134a. Due to this, the rise height is

calculated to be 6-8mm, significantly smaller than the pipe ID (≈12mm). Conse-
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Figure 3.7: R variation of grooved heat pipe at θ=0.5◦ for R134a.

quently, at 20 g of M , the refrigerant is unable to spread to the upper circumferential

interior surface of the evaporator, resulting in local dry-out in the evaporator. In this

case, and as shown in figure 3.2, to spread the liquid thoroughly in the evaporator

(dark blue + light blue), the calculated value of M g is 105 g (including refrigerant

in the adiabatic section and in the condenser) of fill ratio. At 20 g of an M , irre-

spective of Q, the temperature data in the evaporator shows higher values for four

thermocouples located outside liquid spread– refer to B.2.

At 40 g of an M , adding more fluid to the heat pipe and forming a deeper liquid

pool in addition to hrise covers a greater fraction of the interior surface area with

refrigerant in the evaporator, thus reducing local dry-out. The temperature data in

the evaporator shows higher values for three thermocouples located outside liquid

spread– refer to B.1. Despite the added resistance in the evaporator from the extra
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Figure 3.8: R variation of grooved heat pipe at θ=0.5◦ for R513a

liquid pool, the impact of local dry-out on R is more significant. Therefore, it can be

experimentally observed that increasing M (i.e., 60 g and 80 g) decreases the overall

R for the same reason. It is an important point to note that even increasing the M

to 100 g leads to a decrease in R. This is because the liquid present in the grooves of

the condenser and adiabatic section (roughly 10-12 g) prevents the evaporator from

being completely filled (i.e., not exceeding 100% fill ratio). As a result, the R-value

declines even at 100 g of M . In case M exceeds 105 g, the R is expected to increase.

∆R variation with M and Q̇

The comparison between the two working fluids for various combinations of Q̇ and M

can be seen in the color map in figure 3.6. In this color map, ∆R (RR134a − RR513a)

is assigned different colors, with negative values appearing red indicating that R134a
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performs better and positive values appearing blue indicating that R513a performs

better. In general, the performance difference (or ∆R) of grooved heat pipes at a

tilt angle of 4.5◦ is more strongly influenced by M than by the heat input (Q̇). This

implies that when switching to a different refrigerant, as long as the appropriate M is

selected, the heat pipe will function effectively, regardless of the value of Q̇. In figure

3.6, it is evident that for grooved heat pipes, only the mass flow rate M influences

the value of ∆R, while maintaining consistency with Q.

At M = 20 g, the heat pipe contains a relatively small amount of liquid, approxi-

mately 14-16 g, which is significantly less than the mass occupied by the fluid located

within the grooves (25 g). As previously discussed, R134a has a maximum capillary

rise height of 11mm, while R513a has a maximum capillary rise height of 6-8mm. As

a consequence, R513a experiences significant local dry-out, whereas R134a remains

unaffected. This discrepancy accounts for the superior performance of R134a at 20 g.

Although the difference in surface tension values is only 20-40%, the resulting perfor-

mance difference (as measured by ∆R) can reach up to 50%. In addition to adjusting

the fill mass as a means to enhance the performance of a heat pipe using R513a,

alternative improvements can be achieved by making modifications to its internal

design. For instance, decreasing the groove spacing or the inner diameter (ID) are

viable options to consider. A reduction in groove spacing results in an increase in

capillary rise height. For the heat geometry of interest here, theoretical calculations

suggest that a 20-50% decrease in groove spacing can uniformly coat the interior

of the evaporator section with R513a. Additionally, reducing the internal diameter

to a range of 6-8mm can prevent local dry-out. However, decreasing the heat pipe

diameter also reduces the cross-sectional area available for vapor flow, necessitating

optimization to determine the optimal diameter for performance maximization. A

detailed exploration of such optimization is reserved for future studies.
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At an M of 40 g, the over-saturated wick with uniformly coated liquid in the inte-

rior of the heat pipe obstructs the heat flux in the radial direction of the condenser

for R134a. Unlike the previous scenario (i.e., 20 g), uniformly coated liquid in the

condenser adds significant radial resistance to the condenser. This leads to a higher

condenser temperature than of 20 g case – refer to B.1. However, the smaller surface

tension of R513a does not allow refrigerant to distribute all over the interior circum-

ference. The liquid recedes to the bottom of the heat pipe, exposing the metal surface

directly to vapor for condensation (shown in figure 3.2).Hence, for higher M , R513a

outperforms R134a due to smaller surface tension.

Due to the higher radial resistance of the condenser in R134a, R513a demonstrates

superior performance to R134a when the grooves are overfilled with M of 60 , 80 ,

and 100 g. Thus, for unsaturated or saturated wicks, where the M is ≤ 25 g, R134a

is the recommended refrigerant. For M ≥ 40 g, it is preferable to opt for a one-to-one

replacement with a new refrigerant. However, replacing 20 g of R134a with a new

refrigerant on a one-to-one basis is not recommended. Instead, modifying the M

of the new R513a refrigerant can produce equivalent or enhanced performance. For

instance, replacing 20 g of old R134a refrigerant with a new R513a refrigerant with a

M of 80 or 100 g is a viable option. Alternatively, reducing the groove spacing or ID

is also a feasible option

3.3.2 Helical grooved heat pipe at inclination θ ∼ 0.5◦

The preceding subsections’ trials were executed at θ = 4.5◦. The R vs. θ graph

depicted in figure 3.3 demonstrates that R remains almost constant for angles greater

than or equal to 0.5◦. However, in order to reinforce the findings and account for the

slightly higher thermal resistance observed for smaller θ, it is important to validate

the results for angles close to 0.5◦. Thus, we opted to perform experiments on smooth

and grooved heat pipes at θ = 0.5◦. This is an attempt to assert the results’ validity
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for θ ≥ 0.5◦ while disregarding smaller angles due to the heightened sensitivity of R

with θ very near θ = 0◦.

Furthermore, the experimental results obtained for the grooved heat pipe at θ =

0.5◦ exhibit very little variation or no difference in performance when compared to

the results obtained at θ = 4.5◦, as discussed earlier. Therefore, we have decided not

to elaborate on these findings in this discussion. Instead, we shall present only the

experimental findings for the grooved heat pipe at θ = 0.5◦.

These findings not only serve to confirm the results from the previous section, as

depicted in figure 3.3, but also further reinforce the applicability of the results to

most positive values of θ.

Figure 3.9: ∆R variation of grooved heat pipe at θ=0.5◦

Figures 3.7 and 3.8 depict the results obtained at an inclination angle of 0.5◦,

which are remarkably similar to those obtained for R513a and R134a at an inclina-

tion angle of 4.5◦, as demonstrated in the previous subsection, specifically in figures

3.4 and 3.5. Notably, the thermal resistance (R) values are marginally higher at θ =
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0.5◦ compared to θ = 4.5◦ for both refrigerants. This is due to the smaller gravity

component (g sin θ) at lower inclination angles, which restricts the return of liquid

from the condenser to the evaporator. For both refrigerants, the R-value decreases

with Q̇, exactly in a similar fashion discussed in the earlier subsection. This trend

is attributable to an increase in vapor pressure, an increase in vapor density, and a

decrease in liquid viscosity as discussed for an inclination angle of 4.5◦ in the previous

subsection.

The ∆R variation, as illustrated in figure 3.9, evinces a comparable pattern for

θ = 0.5◦ to that observed earlier for θ = 4.5◦, for most values of M . Moreover, akin

to the instance of an inclination angle of 4.5◦, R134a outperforms R513a at a M of

20 g, whilst R513a performs more favorably for M values surpassing M ≥ 40 g. These

results reinforce our antecedent findings and align with our conceptual understanding.

A salient trend emerges for a M of 40 g, where R513a continues to exhibit superior

performance, albeit with a greater differential of ∆R at θ∼0.5◦ relative to θ∼4.5◦.

At 40 g, the increased depth of the liquid pool spread further within the evaporator

due to smaller θ (2-3 times spread axially), curtailing the occurrence of local dry-out

for R513a. The local dry out mentioned is observed as the temperature decreases

across the evaporator [refer to B.1]. In the case of R134a, the condenser wick was

already supersaturated, and the extra liquid introduced into the heat pipe did not

increase the radial condenser resistance, unlike in the 20 g case. For fill masses of 60 g

or higher, there is a slight increase in the actual values of R for both refrigerants at θ

=0.5◦ compared to θ =4.5◦. However, the ∆R values for θ =0.5◦ are similar to those

observed in Figure 3.6 for θ =4.5◦, and the underlying reasoning remains same.

In summary, the performance of both refrigerants, whether using smooth or grooved

heat pipes at θ =0.5◦, is very similar and comparable to θ =4.5◦. Therefore, these

findings can be extrapolated to any θ ≥0.5◦. As the θ decreases, the values of R
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increase slightly for both refrigerants, while maintaining a consistent ∆R for most

M . Furthermore, in instances where M is small (i.e., 80 g or less), augmented liquid

spreading actually enhances the performance of R513a with respect to R134a. How-

ever, this enhancement in performance is still not enough to completely counteract

the return of liquid flow restriction that comes with decreasing the θ from θ = 4.5◦

to θ = 0.5◦. Thus, R at θ = 0.5◦ is slightly higher than R at θ = 4.5◦. During the

transition from R134a to R513a, the same strategy can be employed regardless of the

value of θ, as long as θ is greater than or equal to 0.5◦.

3.3.3 Thermal performance evaluation of a smooth heat pipe
inclined at θ = 4.5◦

R variation with Q̇ for R513a and R134a

Figures 3.10 and 3.11 present graphical performance data for R134a and R513a, re-

spectively. The figures suggest that, for a fixed M , R decreases as Q̇ increases. This

behavior is similar to grooved heat pipes, where system performance is influenced by

vapor density, vapor pressure, and liquid viscosity. For R134a, as Q̇ increases from

10W to 70W (at M = 20 g), the operating temperature rises from -4.95◦C to 8.6◦C.

This temperature change results in an 80-100% increase in vapor density, a 40-60%

increase in vapor pressure, and a 15-20% decrease in liquid viscosity [refer appendix

tables B.13, B.14, and B.15]. Similar variations can be observed at higher M values.

For R513a, figure 3.11 shows a similar trend as of R134a between R and Q̇. The

reason also remains the same, upon increasing Q̇ from 10W to 70W (atM = 20 g), the

operational temperature rises from -1.5◦C to 12◦C. This increase leads to an 80-100%

increase in vapor density, a 50-80% increase in vapor pressure, and a 20-30% decrease

in liquid viscosity [refer appendix tables B.16, B.17, and B.18]. Similar variations can

be observed at higher M values. As with grooved heat pipes, in smooth heat pipes,
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increasing the power input from 10W to 20W results in a more significant decrease

in thermal resistance compared to increasing the power input from 60W to 70W for

both refrigerants.

Figure 3.10: R variation of R134a for smooth heat pipe at θ = 4.5◦

R variation with M for R134a and R513a

As explained in the introduction, multiple parameters influence the overall thermal

resistance of a heat pipe. However, altering the value of M can significantly impact

R in two ways. Firstly, it can result in local dry-out (Rdryout)
1, directly affecting R.

Secondly, the presence of a liquid pool in the evaporator (Rpool)
2 can also impact R.

Nevertheless, in grooved heat pipes, as discussed earlier and in contrast to smooth

1Rdryout: the resistance due to local dry-out in evaporator
2Rpool: the resistance due to liquid pool in evaporator
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Figure 3.11: R variation of R513a for smooth heat pipe at θ=4.5◦

heat pipes, the thermal resistance caused by the liquid pool is considerably reduced

due to the capillary rise of the refrigerant, enabling more uniform liquid spreading in

the evaporator. Therefore, we avoided considering Rpool and Rdryout variables in the

grooved heat pipe. To comprehensively understand the effect of variables in question

and, by extension, the variation of R with M , we have presented a schematic in figure

3.12, based on available literature [99, 100].

The impact of local dry-out (Rdryout) on R is determined with reference to the

evaporator volume that is both dry and exposed to heat. Symbolically, Rdryout ∝

(Ve − Vactual), where Ve represents the evaporator volume and Vactual represents the

actual refrigerant volume. The relationship between Rdryout and M is linear with a
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Figure 3.12: R variation due to liquid pool resistance and local dryout [99]. The
plotted values for Rpool and Rdryout are based on speculative assumptions derived
from experimental observations and existing literature. It is important to note that
there is currently no specific method available to precisely estimate Rpool and Rdryout.

slope of −M/ρ, as illustrated in figure 3.12. However, it is important to note that

Rdryout expression is only applicable to smooth heat pipes and does not take into

account capillary rise in grooved heat pipes. The effect of local dry-out on R is con-

sistently greater for R134a compared to R513a due to its higher liquid density (by

10%), which results in a smaller slope. Additionally, at low values of M (i.e., 20 g),

the differences in R of both refrigerants due to local dry-out are minimal, as the fill

ratio of R513a is only higher by 1-1.5% (corresponding to the lower density of R513a).

For higher values of M (i.e., 80 g), the differences in R increase significantly due to

the larger fill ratio differences (i.e., 10%). Local dry-out becomes negligible at a 100%

fill ratio, corresponding to M ≈ 80 g for R513a and M ≈ 90 g for R134a.

On one hand, several researchers have demonstrated the significant impact of liquid
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pool depth on thermal resistance [99–101]. It has been observed by researchers that

as the depth of the pool increases, there is a rise in the thermal resistance (Rpool),

although the rate of increase slows down until it reaches a plateau, as depicted in

figure 3.12 [99, 100]. Once the plateau is reached, the thermal resistance (Rpool) re-

mains constant regardless of further increases in the fill ratio. Figure 3.12 illustrates

this trend for both refrigerants, where the thermal resistance (Rpool) caused by the

liquid pool size grows rapidly with increasing M until it reaches a plateau for larger

fill fractions. R134a exhibits a similar trend, but with smaller values at a given M

due to its higher density and smaller fill ratio, and therefore smaller pool depth.

Moreover, R134a also has higher thermal conductivity. As a result, a higher M is

required to achieve the plateau. Furthermore, the plateau value of Rpool depends on

the thermophysical properties of the vapor [99], and R134a demonstrates lower R due

to its higher thermal conductivity of liquid phase by 10%.

In case of R134a, the variation of overall thermal resistance (R) with liquid fill

mass is shown in figure 3.10. At low M (20 g), the overall thermal resistance is high

due to the dominant effect of Rdryout in the evaporation section, despite small Rpool as

shown in figure 3.12. The occurrence of local dryout can be observed by comparing

the elevated temperatures of the four thermocouples (from 2nd to 5th) with the 1st

thermocouple temperature – refer to B.6. As M increases to 40 g, the sum of Rdryout

and Rpool reduces drastically, resulting in a decrease in R. The reduction in Rdryout

can be seen from the fact that only the last three thermocouples (3rd to 5th) show

higher temperatures. At a higher fill mass still (e.g., 60 g), the overall thermal resis-

tance R increases due to an increase in the sum of Rpool and Rdryout. The occurrence

of local dry-out further decreases, and only the last two thermocouples (4th and 5th)

show higher temperatures. At 80 g, the decrease in Rdryout is equivalent to the increase

in Rpool, resulting in an insignificant change in R. Only the 5th thermocouple shows

a higher temperature at this point. Furthermore, when M reaches 100 g (fill ratio >
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100%), Rdryout is eliminated, and the temperature remains uniform throughout the

evaporator (see refer to B.6). At this point, Rpool increases and reaches a plateau.

Hence, the initial rise in Rpool until it reaches a plateau, coupled with the subsequent

decrease in Rdryout, results in the overall thermal resistance R remaining relatively

constant.

Figure 3.11 illustrates the performance of R513a with respect to M . The primary

reason for the discrepancy with R134a is the higher fill ratio of R513a at a given fill

mass (M). At an M of 20 g i.e., at a fill ratio of less than 20%, the most significant

impact on R is from Rdryout, with a small contribution from Rpool. A state of local

dry-out is evident from the higher temperatures of the last three thermocouples (3rd

to 5th) compared to the first two thermocouples in the evaporator section, as shown

in B.6. When the mass flow rate M is increased to 40 g, the combined effect of an

increase in Rpool and a decrease in Rdryout is almost balanced. As a result, there is

only a small decrease in the total thermal resistance R compared to the case of 20 g.

The local dry-out is confirmed by the presence of abnormally higher temperatures for

the last two thermocouples (4th and 5th) compared to the first three. At M=60 g,

the increase in Rpool is slightly higher than the decrease in Rdryout, leading to a slight

increase in R. The local dry-out is confirmed by abnormally higher temperatures for

the last thermocouple (5th) compared to the first three. However, it is worth noting

that in figure 3.11, the changes in R for 20 g, 40 g, and 60 g are hardly noticeable.

At an M of 80 g (fill ratio up to 99%), R reaches its minimum value because the

influence of Rdryout on R becomes negligible, and only Rpool affects R. No local dry-

out is observed, as seen from the uniform temperature distribution in the evaporator,

as shown in B.6. Further increasing M to 100 g (fill ratio of approximately 120%)

results in a marginal increase in R since Rpool has not yet reached a plateau.
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Figure 3.13: ∆R variation for smooth heat pipe at θ=4.5◦

∆R variation with M and Q̇

Similar to the grooved heat pipe shown in figure 3.13, the difference in efficacy (i.e.,

∆R), of a smooth heat pipe containing R513a or R134a depends on the fill mass (M)

rather than the heat input (Q̇). The variation of ∆R with Q̇ remained consistent for

each M , except at 40 g (70W) and 60 g (30W and 50W), where changes were in any

event small. Therefore, it can be concluded that ∆R remains largely independent of

Q̇.

In figure 3.13, it can be observed that at a mass flow rate of M = 20 g, R513a

outperforms R134a in terms of efficacy. The primary factor contributing to this per-

formance difference is local dry-out since the resistance from the liquid pool is very

similar for both fluids (refer to Figure 3.12). Specifically, R513a exhibits a higher fill

ratio, ranging from 0.9% to 1.5%, which is in contrast to R134a.
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At higher M , specifically at 40 g and 60 g, R134a outperforms R513a, as depicted

in figure 3.13. In contrast to the case at 20 g, in this regime, the increase in thermal

resistance of the liquid pool becomes highly sensitive to the depth of the pool. The

steep increase in Rpool, attributed to a 4.5% higher fill ratio of R513a compared to

R134a, results in a positive ∆R, favoring R134a. As M increases to 60 g, the rate of

increase of Rpool becomes smaller and approaches the plateau value. However, even

at M = 60 g, the difference in fill ratio, reaching up to 8%, still favors R134a by the

same margin of ∆R.

At M = 80 g, R513a outperforms R134a, primarily due to its higher fill ratio,which

can be up to 10% higher than that of R134a. The higher fill ratio of R513a helps

to completely eliminate local dry-out, while for R134a, local dry-out still persists,

as shown in figure 3.12. Moreover, the effect of the liquid pool on ∆R ultimately

becomes marginal for both refrigerants, as both curves approach the plateau, indicat-

ing that a further increase in M has little impact on the difference in efficacy (∆R)

between R513a and R134a.

At a fill mass of 100 g, R134a exhibits a slight advantage in performance. Both

R513a and R134a result in overfilled heat pipes, with fill ratios of 110% and 120%

respectively, rendering Rdryout irrelevant for comparison. Furthermore, the thermal

resistance due to the liquid pool (Rpool) has already reached a plateau for both refrig-

erants, as shown in figure 3.12. As a result, ∆R depends only on the plateaued value

of Rpool, which in turn is influenced by the thermophysical properties of the refriger-

ants. With R134a having a slightly higher thermal conductivity (10%) compared to

R513a, it performs better by a marginal amount.

To summarize, dry-out considerations matter most when one of two limiting cases

is approached: (i) an evacuated heat pipe, and, (ii) a heat pipe that is very close to
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100% fill fraction such that the evaporator is almost completely flooded with liquid.

In either case, R513a is the more effective working fluid because of its smaller density

suggesting comparatively less (or no) exposed bare metal in the evaporator section.

By contrast, and for intermediate fill fractions or fill fractions in excess of 100%, dry-

out is of secondary and negligible importance, respectively. Here, a more important

determinant of heat pipe performance is the depth of the liquid pool that accumulates

in the evaporator and which represents a potential barrier to heat transfer. R134a

benefits from having a shallower liquid pool and higher thermal conductivity. Hence,

for intermediate or large M , a one-to-one replacement of refrigerants is inadvisable,

but adjusting the M could make the interchange of refrigerants much more palatable.

3.4 Conclusions

In this study, two different types of experiments were run to see how well the low

GWP refrigerant R513a performed as a prospective R134a replacement. The exper-

imental research indicates that the smooth heat pipe configuration exhibits the best

performance when operated near 100% fill ratio for both R513a and R134a refriger-

ants, irrespective of the angle of inclination (θ). This suggests that achieving a high

fill ratio is crucial for maximizing heat transfer efficiency in smooth heat pipes. In the

case of helical grooved heat pipes, the findings reveal that R134a performs optimally

when the grooves are completely saturated. The saturation point for the grooves,

considering the specific dimensions of the heat pipe and refrigerant properties, occurs

at approximately 25 g of fill mass. This implies that ensuring complete groove satu-

ration is vital to achieving the best performance with R134a in helically grooved heat

pipes. In contrast, when considering a grooved heat pipe with R513a refrigerant, the

optimal performance is achieved when the fill ratio is close to 100%.

Transitioning from R134a to R513a in smooth heat pipes shows that, at very small

fill masses (20 g) and close to 100% fill ratio (80 g), R513a demonstrates superior per-
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formance compared to R134a. In these particular scenarios, it is possible to replace

the refrigerant on a one-to-one basis without sacrificing performance or changing de-

sign parameters. However, for intermediate fill masses or overfilled conditions, R134a

outperforms R513a. Consequently, a direct one-to-one transition between these refrig-

erants is not feasible. To achieve equivalent performance between the two refrigerants

in such cases, the fill mass must be adjusted accordingly.

For helically grooved heat pipes, a direct one-to-one replacement from R134a to

R513a is possible in all fill mass cases except for undersaturated or saturated wick

conditions (i.e., 20 g). In oversaturated wick scenarios, a direct replacement is feasible.

However, for undersaturated or saturated wicks, the transition can only be achieved

by modifying the fill mass or adjusting the internal wick design. The results at

θ = 0.5◦ indicate the validity of the transition strategy for all θ ≥ 0.5◦, exhibiting a

similar pattern
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Chapter 4

LowTHeR: A GUI for Heat Pipe
Design and Optimization

4.1 Introduction

LowTHeR is a Matlab-based design tool for assessing and optimizing heat pipe designs

and for diagnosing the performance of a bank of heat pipes. ‘LowTHeR’ stands for

Low Temperature Heat Recovery. The standalone executable of this software does

not require the installation of Matlab.

Development of LowTHeR was led by Muhammad Rizwanur with subsequent addi-

tions by the author. More specifically, I expanded the software’s capabilities related

to wicks and refrigerants, as well as added material to the user manual. I then ap-

plied LowTHeR in contextualizing select experimental results from Chapter 3. Please

note that LowTHeR has not been described in a previous archival publication nor in a

previous thesis, either from U. Alberta or elsewhere.

4.1.1 Purpose and scope

LowTHeR v2.0 has four distinct capabilities. The coding architecture is shown in figure

4.1.
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• Working fluid, one tab: To analyze a number of key parameters, such
as the Merit number, wicking factor, degree of superheat etc., so as to
guide the user in selecting a working fluid appropriate to the operating
conditions.

• Design assessment (single), one tab: To map the operating point
relative to the limiting conditions associated with boiling, entrainment,
viscosity, etc. Results are presented graphically in terms of the heat pipe
“fundamental diagram.”

• Design optimization (single), one tab: To prescribe the optimum
combination of design parameters (wick thickness and mesh number for
screen-type wicks, groove depth and number of grooves for axial groove-
type wicks) and thereby provide design insight on how to increase perfor-
mance while assuring that operational failure will not occur.

• Design assessment (bank), three tabs: To assess the operation of a
bank of heat pipes and to predict, for prescribed exterior conditions, the
temperature of the air supplied to the interior space and/or the exhaust
air temperature and number of heat pipes required.

The coding architecture is depicted in figure 4.1. As suggested by the above de-

scription, LowTHeR v2.0 does not extend to heat pipes containing multi-screen wicks.

However, this functionality could be added at a later point in time.

4.1.2 System Overview

LowTHeR v2.0 offers users the flexibility of inputting heat pipe design specifications,

of choosing from a library of working fluids, of determining the most suitable working

fluid pertinent to the operating conditions, and of assessing performance over a wide

range of operating temperatures and heat loads. Technical details are described in

the following sections.

4.1.3 Graphical user interface overview

The GUI has input and output segments that are distributed categorically over six

different tabs – see e.g. figure 4.2.
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Figure 4.1: Code architecture. The right hand side boxes (in green) indicate module
outputs.

The far left-hand side of the GUI contains user input fields corresponding to oper-

ating conditions, material selection and heat pipe geometric specifications. The data

input in this section is global and is therefore available to all of the tabs. Note, how-

ever, that none of these data are used when selecting the working fluid, i.e. the tab

Working fluid is self-contained and does not make reference to the global variables

in question. In the following sections, we describe tabs and panels in greater detail.

User selections/inputs

The panel titled Materials/design asks the user to select, from drop down lists, the

following heat pipe properties:

a. Working fluid,

b. Container material,

c. Wick material,

d. Wick type.

The user is also asked to provide two angles, namely
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Figure 4.2: User Interface, Tab 1 - Working fluid.

a. Wetting angle for the wick material (default value of 0◦ indicating, for example

and in case of a water-based working fluid, a perfectly superhydrophilic surface),

b. Heat pipe inclination angle, i.e. the angle of inclination assuming that the evapo-

rator is situated below the condenser (default value of 0◦ indicating a horizontal

heat pipe).

The drop down menus are linked to built-in libraries that specify the necessary

material/fluid property values over a wide range of operating temperatures. Once

selections are made from the drop down lists, property values are then automatically

loaded or calculated. In the case of the working fluid, the data in question includes

the latent heat of vaporization (hfg), liquid-density (ρl), vapor density (ρv), vapor

pressure (Pv), surface tension (σ), molecular weight (M), liquid dynamic viscosity

(µl), vapor dynamic viscosity (µv), liquid thermal conductivity (Kl), effective wick

thermal conductivity (Ke), and shell thermal conductivity (Ks).

These properties are calculated at operating temperature (Top), which is the arith-

metic average1 of the source and sink temperatures. Both the source and sink tem-

1In computing an arithmetic average of the source and sink temperatures, we implicitly assume
that the evaporator and condenser are of equal length.
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peratures must fall within the operating limits for the working fluid of interest.

Once the above-mentioned selections are made, an Excel spreadsheet, containing

an ordered list of relevant geometric parameters is to be loaded in the panel titled

Heat pipe geometry. The input parameters in question are the (i) mesh number, n,

(ii) wick thickness, h, (iii) wire diameter (iv) pipe inner diameter, di, (v) vapor core

diameter, dv, (vi) condenser length, Lc, (vii) adiabatic length, La, (viii) evaporator

length, Le, (ix) pipe outer diameter, do, (x) groove depth, h, and, (xi) number of

grooves, N . Of these, (i-iii) are required for screen-type wicks whereas (x-xi) are

required for wicks consisting of axial grooves. In either case, the parameters related

to the other wick type should be set to zero in the Excel file. Note, the sequence of

these parameters is to be strictly maintained as described above.

Tab 1 - Working fluid, figure 4.2

The first tab allows the user to compare five parameters that are essential in the se-

lection of an appropriate heat pipe working fluid. Unlike other tabs, Working fluid

does not use any input values from the far left panels, i.e. Materials/design, Heat

pipe geometry and Design temperatures. Working fluid contains a list of work-

ing fluids from which the user can select one or more so as to compare Merit numbers,

degrees of superheat, saturated vapor pressures, wicking factors and kinematic vis-

cosity ratios. These variables, and their significance to heat pipe design, are outlined

below.

• Merit number2: The Merit number, serves as a helpful indicator of the ability

of a working fluid to transfer heat (large Merit numbers are favored). It is

defined as

Merit number =
ρlσhfg

µl

2Merit number predictions made by LowTHeR are validated with data from Advanced Cooling
Technologies, Inc. https://www.1-act.com/merit-number-and-fluid-selection/
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• Degree of superheat: As the heat load increases, so too does the temperature

drop across the wick in the evaporator section. If the temperature difference

exceeds the degree of superheat of the working fluid, nucleate boiling may oc-

cur. The onset of nucleate boiling within the wick is disadvantageous: it may

interfere with liquid circulation leading, eventually, to dry out. The degree of

superheat, ∆T , is defined as [58]

∆T =
3.06σlTsat

ρvhfgδth
,

where δth is the thermal boundary layer thickness, a representative value for

which is δth = 15µm [58]. Furthermore, Tsat is the saturated vapor tempera-

ture and ρv is the vapor density. Working fluids exhibiting higher degrees of

superheat carry a lower likelihood of nucleate boiling.

• Saturated vapor pressure: The saturated vapor pressure, Pvap, is important

from the perspective of material selection [58]. Heat pipes are often bonded

to radiator plates. It is therefore necessary to know the working fluid vapor

pressure at the soldering temperature in order to determine the minimum wall

thickness necessary to avoid material failure during soldering. This minimum

wall thickness can be determined from

tmin =
PvapRi

Ω
,

where Ri is the pipe inner radius and Ω is the 0.1% proof stress of the pipe

material. A working fluid with a lower vapor pressure will require a lower wall

thickness and will therefore incur substantially lower construction costs.

• Wicking factor: The wicking factor, σl/(ρlg) where g is gravitational acceler-

ation, measures the ease with which liquid may be transported against gravity

by surface tension. Large wicking factors are favored, particularly in instances

where the evaporator is located above the condenser.
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• Kinematic viscosity ratio: The kinematic viscosity ratio, νv/νl, accounts for

the severity of viscous and shear losses [61]. Small kinematic viscosity ratios

are favored in heat pipe design.

Tab 2 - Design assessment (single), figure 4.3

The second tab allows the user to assess the performance of a single heat pipe by

showing, within the heat pipe fundamental diagram, the operating line and the oper-

ating point relative to the limiting heat fluxes imposed by the sonic, capillary, boiling,

entrainment and viscous limits3. In drawing the fundamental diagram, it is assumed

that the wick or axial grooves are exactly filled with liquid.

The operational heat flux (Q̇op) is always constrained by the heat pipe limitations,

referred to as Q̇Limiting, which are discussed in Chapter 1 and illustrated in figure 4.3.

The software incorporates several limiting equations, described as follows:

1. Viscous limit: To account for the viscous limit, we utilized (1.1).

2. Sonic limit: To consider the sonic limit, we utilized (1.2).

3. Entrainment limit: To consider the entrainment limit, we utilized (1.3).

4. Boiling limit: To consider the boiling limit, we utilized (1.4).

5. Capillary limit: To consider the capillary limit, we utilized (1.5)

Tab 3 - Design optimization (single), figure 4.4

The third tab allows the user to augment heat pipe performance through optimiza-

tion. The optimization in question is achieved by making the least possible changes

to the wick geometry. This feature is especially helpful when the design specified by

3Note that not all five limiting curves may be visible in the “fundamental diagram,” i.e. one or
more of the curves may lie out-of-range depending on the heat pipe operating conditions and the
vertical axis limits. Such is the case in figure 2 where the viscous limit does not appear.
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Figure 4.3: User interface, Tab 2 - Design assessment (single).

the data input on the left-hand side of the GUI yields an operating point in excess of

the maximum allowable heat flux. In such instances, LowTHeR will modify the wick

properties so as to either increase the limiting heat flux, decrease the operating heat

flux or both. Displayed in the third tab are (i) a table that indicates, as a function

of the wick properties, the rate of heat transfer both for the previous and the current

(optimized) design, and, (ii) a surface plot showing all those operating heat fluxes

that are at least 5% below the minimum of the limiting heat fluxes associated with

the sonic, capillary, boiling, entrainment and viscous limits. Optimization typically

increases each of the limiting heat fluxes by a comparable amount. Therefore, the

process of optimization typically does not change the limiting condition type. In other

words, if the original design is limited by capillarity, it is very likely that the capillary

limiting curve will again fall below its counterpart limiting curves when considering

the optimized design.

While the first, second, and third tabs of LowTHeR allow the user to assess and

optimize the performance of a single heat pipe, the fourth, fifth and sixth tabs focus

on performance assessments for a bank of heat pipes. Given the expanded focus
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Figure 4.4: User interface, Tab 3 - Design optimization (single).

associated with studying a heat pipe bank, some additional information is required

related, for example, to the number of heat pipes within the bank, the thermodynamic

conditions of the air flowing over the heat pipe bank, etc. Note that the source and

sink temperatures specified in the far left column are not required for Tabs 4, 5 and

6.
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4.2 Governing equations

4.2.1 Heat pipe operational performance

To model the heat flows within a heat pipe, an analogous thermal resistance network

can be constructed by considering each component from the source to the sink and

how these components are interconnected, i.e., through a combination of series and

parallel resistors – see figure 4.5. Table 3 gives the mathematical expressions used to

estimate the individual resistances and their relative magnitudes. Apparent from the

tabulated values, the resistances of the liquid-vapor interface and of the vapor core

are very small; as such these contributions are ignored such that R3 = R4 = R5 = 0.

Conversely, the resistance of the pipe wall is significantly larger than that of any other

component. Therefore, and in the context of the thermal circuit diagram of figure

4.5, we model the pipe wall as being “open circuit” such that Rs → ∞.

Figure 4.5: Thermal resistance network model across the heat pipe.
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Table 4.1: Different thermal resistances associated with the heat pipe [61]. Variables
are defined as follows – ro: outer radius, ri: inner radius, rv: vapor core radius, R: gas
constant, La: adiabatic length, Le: evaporator length, Lc: condensor length, ∆Pv:
pressure difference between condensor and evaporator, Ks: envelope thermal conduc-
tivity, T : interface temperature, Ae: evaporator area, Awall: wall crossection area,
Aw: wick crossection area, ∆T4/6: interface temperature difference. The subscripts
‘e’ and ‘c’ stand for evaporator and condenser, respectively.

Term Resistance Description Scale

R1, R7

ln ro
ri

2πLeKs
Wall conduction (radial) 10−1

R2, R6
d

KwAe
=

ln
ri
rv

2πLeKe
Wick conduction (radial) 10

R3, R5
(2πRT )2RT 2L2Pv∆T4/6

L2PvAe
Liquid-vapor interfacial 10−5

R4
RT 2∆Pv

Q̇LPv
Vapor advection (axial) 10−8

Rs
Le+La+Lc

AwKe+AwallKs
Wall conduction (axial) 103 (open circuit)

The effective resistance can therefore be calculated using the following formula:

Re = R1 +R2 +R6 +R7 = 2R1 + 2R2 (4.1)

Here, Re is the equivalent thermal resistance of the heat pipe. This quantity is

related to the heat pipe operating heat flux via

Q̇op =
∆T

Re

(4.2)

4.2.2 Effective thermal conductivity

In a heat pipe, the effective thermal conductivity of a wick saturated with liquid is

a critical parameter for calculating heat transfer. LowTHeR incorporates three differ-

ent types of wicks and uses separate techniques for calculating thermal conductivity.

These are detailed in the following subsections.

Type 1: Wrapped screen- or mesh-type wick [61]

Wrapped screen-type wicks are made by wrapping a metal fabric or mesh around

a forming mandrel and then the wick can be inserted into the heat pipe. These
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wicks have moderate capillary pumping capability and a higher permeability than do

sintered wicks [61]. Screen-type wicks are often preferred for heat pipes with complex

shapes [61] The thermal conductivity (Ke) of screen-type wick can be approximated

as follows:

Ke =
kl[(kl + kw)− (1− ϵ)(kl − kw)]

(kl + kw) + (1− ϵ)(kl − kw)
(4.3)

Here ϵ represents the porosity, kl represents the thermal conductivity of the liquid

refrigerant, and kw represents the thermal conductivity of the wick material.

Type 2: Axial grooved wicks [61]

Axial grooves are used to enhance the capillary forces that drive the return flow

of liquid in a heat pipe. Regularly-spaced axial fins are cut into the inner surface

of the heat pipe along its length. The effective thermal conductivity of the wick is

dependent on the degree of liquid saturation. Consistent with the commentary above,

we assume a wick that is exactly flooded with liquid in which case the effective thermal

conductivity can be evaluated from [61]

Ke =
(wfklkwδ) + wkl(0.185wfkw + δkl)

(w + wf )(0.185wfKf + δkl)
(4.4)

In the case of trapezoidal-shaped axial grooves, wf denotes the thickness of the

fin located at the top of the groove, and w represents the thickness of the base of

the groove. However, for rectangular-shaped grooves, the fin thickness (wf ) is equal

to the groove base thickness (w). Additionally, the parameter δ corresponds to the

depth of the groove.

Type 3: Sintered wicks [61]

Sintered wicks are produced using a metal powder manufacturing process where,

at high temperatures, the metal powders are bonded together and also to the heat

pipe wall, resulting in a porous medium. For the calculation of the effective thermal

conductivity, it is again assumed that the wick is fully saturated with liquid. Chi’s

theory provides a framework for determining the effective thermal conductivity of
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liquid-saturated sintered wicks. On the basis of this theory, the effective thermal

conductivity can be estimated from

Ke =
kl[(2kl + kw)− 2(1− ϵ)(kl − kw)]

[2kl + kw + (1− ϵ)(kl − kw)]
(4.5)

where

ϵ =
π

6

[︃
1−

(︂
rc
rs

)︂2]︃ 2
3

[︄
1−

(︃
rc
rs

)︃2
]︄⎡⎣2−

√︄
1−

(︃
rc
rs

)︃2
⎤⎦ (4.6)

In the above equation, rc is the capillary radius and rs is the average radius of a

spherical particle in the wick. For coarse grain sintered wicks, (4.5) takes the following

form:

Ke =
π

8

(︃
rc
rs

)︃2

kw +

[︄
1− π

8

(︃
rc
rs

)︃2
]︄

klkw
kwϵ′ + kl(1− ϵ′)

(4.7)

Here

ϵ′ =
ϵ[︃

1− π
8

(︂
rc
rs

)︂2]︃ (4.8)

4.3 Design optimization for a heat pipe manufac-

tured by Engineered Air (EngA)

4.3.1 Specifications

A 1.2m long copper heat pipe, with a helically grooved wick, uses R513a or R134a

as its working fluid. The heat pipe has the following characteristics:
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Tube outer diameter (OD), (do) 1.45× 10−2m

Tube inner diameter (ID), (di) 1.27× 10−2m

Groove width (δ) 200µm

Groove height (h) 400µm

Pitch length 400µm

Vapor core diameter (dv) 1.19× 10−2m

Inclination angle (θ) 4.5◦

Condenser length (Lc) 0.45m

Adiabatic length (La) 0.3m

Evaporator length (Le) 0.45m

We intend to utilize these details to enhance the design and deliver an optimized

solution that offers improved performance.

Although the current version of LowTHeR does not include calculations for helical-

grooved heat pipes, we quantitatively compare our laboratory experiments of helical-

grooved heat pipes to LowTHeR’s calculations for an equivalent heat pipe with axial

grooves. We then utilize LowTHeR to optimize this design in the following subsection,

and also compare different groove geometries.

4.3.2 Comparing the performance of axially grooved heat
pipes to EngA helically grooved heat pipes

To investigate and compare the performance of helically (EngA) and axially grooved

heat pipes, we conceptualized a heat pipe with axial grooves equivalent to that of the

EngA heat pipe by keeping the same inner diameter (ID), outer diameter (OD), fill

mass, and temperature difference (∆T ) between the condenser and the evaporator.

Changes were made solely to the internal design of the wick, such as the height, width,

and number of grooves while keeping other parameters constant. To account for the

assumption of complete saturation made in LowTHeR, dimensions were carefully se-

106



lected to ensure complete saturation of the wick for a given fill mass, considering the

groove number (N), thickness (δ), and height (h).

To ensure an even comparison, we used the same conditions that were applied dur-

ing the experiments. This involved maintaining consistent values for ∆T , which cor-

responds to the fill mass, and the heat input (Q̇). These experimentally obtained ∆T ,

along with the heat pipe specifications, were used as input parameters for LowTHeR.

We then assessed the performance of the heat pipe in terms of rate of heat transfer.

To ensure practicality, we excluded heat loads that require film thicknesses smaller

than 250µm due to the anticipated manufacturing challenges; at the other extreme,

we avoided Q̇ requiring too large a groove separation, as such a design would result

in a capillary rise smaller than the diameter of the heat pipe.

4.3.3 Design optimization of the EngA heat pipe using LowTHeR

In each table 4.2, 4.3, 4.4, 4.5, and 4.6, multiple values of Q̇LowTHeR are provided for

each fill mass and groove number (N). The presented Q̇LowTHeR values in the tables

represent optimized Q̇ values, as well as some LowTHeR predicted additional Q̇ values.

The additional Q̇ are estimated using LowTHeR for alternate design parameters that

are close to the optimum design parameters. In these alternate design, the groove

height (h) decreases, and δ increases, which allows more space for machining tools,

thus, potentially simpler manufacturability.

Tables 4.2, 4.3, 4.4, 4.5, and 4.6 show purple-colored data that represents the

results of the optimization using LowTHeR. The blue-colored data corresponds to a

combination of wick parameters that is close to those obtained through LowTHeR op-

timization. The groove height (h) and width (δ) are selected in such a way that the

desired fill mass is achieved. The results reveal that, for a given N , increasing δ leads
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Width (δ) (µm) height (h) (µm) N Q̇LowTHeR (W)

400 1984 12 17

500 1587 12 14

650 1221 12 12

750 1058 12 11

250 1587 24 40

400 992 24 26

500 793 24 26

700 566 24 20

350 755 36 38

450 587 36 33

550 481 36 31

650 407 36 29

250 529 72 75

350 377 72 65

450 293 72 60

550 240 72 57

Table 4.2: Experimental vs LowTHeR optimised performance for 20 g fill mass.
Experimentally measured parameters for the helically grooved heat pipe are as

follows: Q̇ = 10W and ∆T=3.3◦C.

to smaller Q̇LowTHeR. This observation can be attributed to the fact that larger δ values

lead to higher thermal resistance as seen from (4.4).

Increasing the number of grooves, N , also results in larger Q̇ . This is because an

increased number of grooves leads to a higher value of Ke, also as observed in (4.4).

This, in turn, corresponds to a larger metal content in the wick. As a result, Rwick

decreases, leading to an increase in Q̇.

108



width (δ) (µm) height (h) (µm) N Q̇LowTHeR (W)

550 3607 12 34

600 3306 12 31

650 3052 12 28

700 2834 12 26

550 1803 24 49

650 1526 24 44

700 1417 24 42

800 1240 24 39

550 1202 36 64

650 1017 36 59

750 881 36 55

900 734 36 52

Table 4.3: Experimental vs LowTHeR optimised performance for 40 g fill mass.
Experimentally measured parameters for the helically grooved heat pipe are as

follows: Q̇ = 10W and ∆T=5.8◦C.

As the fill mass increases to 40 g, the value of Q̇LowTHeR is higher compared to a fill

mass of 20 g for each set of N . This increase can be attributed to the experimen-

tally measured temperature difference (∆T ), which is significantly higher at 5.8◦C

when compared to 3.3◦C at 20 g. Therefore, the higher ∆T results in higher values

of both Q̇ and the optimized Q̇. However, it can be observed from Table 4.3 that

the results are not shown for N = 72. This is because, at higher fill mass, the liquid

refrigerant requires more space between adjacent grooves, which can be achieved by

either increasing the groove height or decreasing the groove number. In this scenario,

achieving an N value of 72 would require unusually large groove depths, posing sig-

nificant challenges in terms of practical manufacturing. Therefore, when considering
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a fill mass of 40 g, selecting an N value of 36 is a more realistic option.

width (δ) (µm) height (h) (µm) N Q̇LowTHeR (W)

850 3734 12 24

900 3527 12 23

950 3341 12 24

1000 3174 12 20

850 1867 24 37

950 1670 24 36

1500 1058 24 30

850 1244 36 48

950 1113 36 50

1500 705 36 43

2000 529 36 40

Table 4.4: Experimental vs LowTHeR optimised performance for 60 g fill mass.
Experimentally measured parameters for the helically grooved heat pipe are as

follows: Q̇ = 10W and ∆T=5.4◦C.

The observed pattern of Q̇ variation for 60 g or 80 g is similar to 20 g and 40 g, as

indicated in Tables 4.4 and 4.5, respectively. Even at 100 g of fill mass, the variation

of Q̇ shown in table 4.6 follows the same pattern as previously discussed.

In assessing the trends of the preceding tables, it is important to consider the in-

fluence of two independent factors. Firstly, as the groove height (h) decreases, the

optimized Q̇ increases. It is important to note that changing the h parameter results

in a corresponding adjustment in the δ value, in order to maintain the assumption of

a saturated wick for a fixed fill mass. Furthermore, as h decreases (or δ increases),

the overall surface area between the refrigerant and metal wick decreases, thereby
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width (δ) (µm) height (h) (µm) N Q̇LowTHeR (W)

1500 2910 12 19

1500 1455 24 34

2000 1091 24 30

1500 970 36 48

2000 727 36 44

2500 582 36 41

3000 485 36 39

Table 4.5: Experimental vs LowTHeR optimised performance for 80 g fill mass.
Experimentally measured parameters for the helically grooved heat pipe are as

follows: Q̇ = 10W and ∆T=5.9◦C.

width (δ) (µm) height (h) (µm) N Q̇LowTHeR (W)

1500 3665 12 16.5

2000 2749 12 14

1500 1832 24 27

2000 1374 24 25

2500 1109 24 23

3000 916 24 21

1500 1221 36 37

2000 916 36 36

2500 733 36 33

3000 610 36 37

Table 4.6: Experimental vs LowTHeR optimised performance for 100 g fill mass.
Experimentally measured parameters for the helically grooved heat pipe are as

follows: Q̇ = 10W and ∆T=4.7◦C.
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decreasing Q̇. Secondly, a large number of grooves (N) is preferred because of higher

Q̇. The increase in thermal conductivity in the radial direction is due to the higher

surface area available with larger N . The higher radial heat flux is accompanied by

an enhancement in the capillary forcing, creating very high capillary pressure from

the condenser to the evaporator and thereby increasing the return flow of liquid.

In summary, based on our analysis, it appears that there could be significant

advantages in transitioning from helical grooves to axial grooves inside the heat pipe.

To further validate this hypothesis, we employed experimental operating conditions

and utilized LowTHeR for the optimization of axial groove design across various fill

masses. Our analysis indicates that the optimized axial grooves have the potential to

achieve heat transfer rates up to seven times higher compared to helical grooves.

4.4 Conclusions

The LowTHeR software incorporates the latest advancements in heat pipe design anal-

ysis, design optimization, and refrigerant selection. By inputting experimental data

into this software, we can effectively evaluate and compare the performance of axially

grooved heat pipes in relation to helically grooved ones. The results demonstrate

the potential of axially grooved heat pipes to exhibit improved heat transfer charac-

teristics and overall performance. The utilization of the LowTHeR software empowers

engineers and researchers to make well-informed decisions regarding heat pipe design,

optimization, and refrigerant selection. This software greatly assists in identifying

the most suitable configurations and refrigerants for specific applications, ultimately

leading to enhanced heat transfer efficiency and improved system performance.
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Chapter 5

Conclusions, Recommendations, &
Future Work

In this thesis, each chapter concludes with a summary of the key results, findings,

and the significance of these new findings. Hence, the goal here is to provide an

overview of the overall impact of all the results from a broader perspective. Opti-

mizing heat pipe design for efficiency and low GWP refrigerant brings cost savings,

improved performance, climate sustainability, and competitiveness. It meets demand

for low emissions, minimizes resource usage and production costs, and ensures regula-

tory compliance. Overall, optimized design enhances performance, financial benefits,

environmental footprint, and competitiveness.

The theoretical findings of Chapter 2 define the design parameters for calculating

the optimal heat transfer rate in both thermosyphons and heat pipes. Furthermore,

the results demonstrate that designing thermosyphons and heat pipes based on these

optimal values not only improves performance but is also required less refrigerant.

The chapter 2 also provides a selection analysis for heat pipes and thermosyphons as-

sists in choosing high-performing equipment. From a scientific standpoint in Chapter

2, the defined “hydrostatic limit” can replace the “capillary limit” in the heat pipe

fundamental diagram.
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Chapter 3 presents the experimental results, demonstrating that the transition

from old-generation refrigerants to new-generation refrigerants is a straightforward

process. This holds true for cases involving a small fill mass (i.e., 20 g) or a com-

pletely filled evaporator (i.e., 80 g) when dealing with smooth heat pipes. Moreover,

in the case of helically grooved heat pipes, the transition is feasible for all fill masses

except for 20 g. This means that in most instances, when replacing heat pipes, low

GWP refrigerants can be used to enhance performance without incurring any ad-

ditional costs. In cases where the same performance cannot be achieved, adjusting

the fill mass can provide similar results. Alternatively, redesigning the wick can also

deliver similar performance albeit at an additional cost.

The considerations regarding heat pipe configuration, fill mass, and refrigerant

properties are crucial for efficient heat transfer design. The development of the

“LowTHeR” software enables the evaluation and comparison of different heat pipe

configurations and refrigerants, facilitating informed decisions in design, optimiza-

tion, and refrigerant selection. This software contributes to advancements in heat

pipe technology, enhancing thermal management solutions in various industries. It

is built based on the latest published research in the field of heat pipes. “LowTHeR”

empowers engineers to make informed decisions in selecting the best refrigerant, the

most effective wick type, and appropriate dimensions for given operating conditions.

5.1 Future Work

For the sake of simplicity, Chapter 2 focuses on the modeling of heat pipes and ther-

mosyphons with a rectilinear geometry. However, the vast majority of heat pipe

designs consider a cylindrical geometry, which we avoided here solely for algebraic

convenience. In such cases, while the overall trend of our theory remains valid, the

actual variations might differ. Therefore, it would be beneficial in the future to ex-

pand our work to include circular cross-section thermosyphons and heat pipes. This
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would provide a more comprehensive understanding of their behavior and enable us

to account for the specific characteristics associated with circular geometries.

The experimental discussion in Chapter 3 is limited to smooth and helical grooved

heat pipes. However, it is worth considering that different wick types, such as screen

wick, axially grooved wick, and sintered wick, are employed in various applications.

Therefore, future research should aim to expand the scope of investigation to include

these specific wick configurations and explore their performance characteristics. This

will facilitate the development of effective transition strategies for refrigerant utiliza-

tion in heat pipes employing these alternative wick designs.

As observed in Chapter 4 of the LowTHeR prediction, the replacement of helical

grooves with axial grooves can significantly enhance the performance of the heat

pipe, potentially up to sevenfold. In the future, conducting experiments with axially

grooved heat pipes would be an intriguing avenue to validate the predictions made by

LowTHeR. Furthermore, LowTHeR does not incorporate the work conducted in Chapter

2, specifically the investigation of the “hydrostatic limit.” Therefore, it would be

beneficial to include the findings related to the hydrostatic limit in the next updated

version of LowTHeR. However, there are numerous challenges associated with this

endeavor. One significant challenge pertains to the current version of “LowTHeR,”

which assumes a saturated wick for all its calculations. Consequently, in order to

incorporate the “hydrostatic limit” successfully, the functionality of LowTHeR needs

to be expanded to encompass thermosyphon systems.
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Appendix A: Flow beyond the
lubrication limit

Our previous study of sections 2 and 3 is limited to the Re → 0 limit where the

lubrication approximation is applicable. However, in order to expand our analysis, it

is advantageous to investigate the effects of non-zero Re. This section is thus focused

on exploring, using a perturbation analysis, inertial effects that are finite (though still

small). In this analysis, we have neglected the influence of counter vapor-flow within

the thermosyphon.

The equations used in this appendix are the same as those used in section 2 of

Chapter 2. Identical also is the characteristic velocity, which can be determined by

balancing viscous forces with the force due to hydrostatic pressure, yielding U =

ρgh3
c/µL. In turn, and when non dimensionalizing the Navier-Stokes equations, we

consider x′ ∼ Lx, y′ ∼ hcy, u
′ ∼ Uul, h

′ ∼ hhc, P
′ ∼ (ρghc)Pl and v′ ∼ vlUhc/L

(where quantities denoted with primes are dimensional. On this basis, we can express

the non-dimensionalized Navier-Stokes equations in the x and y directions as follows:

Re ϵ

(︃
ul
∂ul

∂x
+ vl

∂ul

∂y

)︃
= −∂Pl

∂x
+ ϵ2

∂2ul

∂x2
+

∂2ul

∂y2
(A.1)

Re ϵ2
(︃
ul
∂vl
∂x

+ vl
∂vl
∂y

)︃
=

Re

Fr2

(︃
∂Pl

∂y
+ 1

)︃
+ ϵ2

∂2vl
∂x2

+ ϵ
∂2vl
∂y2

(A.2)

∂ul

∂x
+

∂vl
∂y

= 0 (A.3)

Here ϵ = hc/L, Re = hcU/ν, Fr = U/
√
ghc, and Re/Fr2 ∼ 1/ϵ. Equations (A.1)
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and (A.2) reduce to (2.3) and (2.4) in the lubrication limit Re → 0. The equations

in question are solved subject to the following boundary conditions:

ul(x, 0) = 0 (A.4)

vl(x, 0) = 0 (A.5)

∂ul

∂y
(x, h0) = 0 (A.6)

vl(x, h0) = ul
dh

dx
(A.7)

Pl(x, 0) = h (A.8)

Pl(x, h/hc) = 0 (A.9)

h(0, y) = 1 (A.10)

h(0, 1) = he/hc (A.11)

To apply perturbation theory, we expand in the (assumed) small parameter ϵ and

thereby define (i) ul(x, y) = u0(x, y)+. . . ϵu1(x, y), (ii) vl(x, y) = v0(x, y)+. . . ϵv1(x, y),

(iii) Pl(x, y) = P0(x, y) + . . . ϵP1(x, y), and (iv) h(x) = h0(x) + . . . ϵh1(x).

After segregating the ϵ0 and ϵ1 terms from (A.1), we obtain the following:

∂2u0

∂y2
=

∂P0

∂x
(A.12)

Re

(︃
u0

∂u0

∂x
+ v0

∂u0

∂y

)︃
= −∂P1

∂x
+

∂2u1

∂y2
(A.13)
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After segregating the ϵ0 and ϵ1 terms from (A.2), we obtain the following:

∂P0(x, y)

∂y
+ 1 = 0 (A.14)

∂P1(x, y)

∂y
= 0 (A.15)

Segregating the ϵ0 and ϵ1 terms of the continuity equation in differential form (A.3)

is expressed as follows:

∂u0

∂x
+

∂v0
∂y

= 0 (A.16)

∂u1

∂x
+

∂v1
∂y

= 0 (A.17)

The boundary conditions can be expressed in terms of perturbation variables as

follows

u0(x, 0) = 0 (A.18)

u1(x, 0) = 0 (A.19)

v0(x, 0) = 0 (A.20)

v1(x, 0) = 0 (A.21)

∂u0

∂y
(x, h0) = 0 (A.22)

∂u1

∂y
(x, h0) = −h1

∂2u0

∂y2
(x, h0) (A.23)

v0(x, h0) = u0(x, h0)
∂h0

∂x
(A.24)
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v1(x, h0) = u0(x, h0)h1
∂h0

∂x
+ u1(x, h0)

∂h0

∂x
+ u0(x, h0)

∂h1

∂x
(A.25)

P0(x, h0) = 0 (A.26)

P0(x, 0) = h0 (A.27)

P1(x, h0) + h1
∂P0

∂y
(x, h0) = 0 (A.28)

P1(x, 0) = h1 (A.29)

h0(0) = 1 (A.30)

h0(1) = he/hc (A.31)

h1(0) = 0 (A.32)

h1(1) = 0 (A.33)

By solving (A.12, A.13, A.14, A.15, A.16 and A.17) with appropriate boundary

conditions, we obtain the following expressions for P0, P1, u0, u1, and v0:

P0(x, y) = h0 − y

P1 = h1

u0(x, y) = h′
0cy
(︂y
2
− h0

)︂
v0(x, y) = h′

0ch0
y2

2
− h′′

0c

y3

6
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u1(x, y) =

(︃
∂P1

∂x

)︃∫︂ ∫︂
dy2 +Re

∫︂ ∫︂ (︃
u0

∂u0

∂x
+ v0

∂v0
∂y

)︃
dy2 (A.34)

u1 is determined by solving equation (A.34) while considering boundary conditions

(A.19) and (A.23).

To solve for P0, P1, u0, u1, v0, and v1, which are currently expressed in terms of h0

and h1, we can utilize the continuity equation in integral form, which is written as

∂

∂x

(︃∫︂ h+ϵh1

0

(u0 + ϵu1) dy

)︃
= 0

The leading order equation reads

h′
0h

3
0 = a1 ⇒ h0 = (a1x+ a2)

1/4

Here a0 and a1 are both constants. Applying boundary conditions (A.30) and

(A.31) results in h4
0 = ((he/hc)

4 − 1)x + 1. Not surprisingly, this leading order solu-

tion matches exactly the Re → 0 solution prescribed by (2.9).

Meanwhile, the equation derived by matching terms of order ϵ1 reads

h′′
1 = h′

1

−3a1
2h4

0

+ h1
3a21
16h8

0

− 9Re

4480

a41
h10
0

(A.35)

We solve the above equation for h1 by applying as boundary conditions (A.32) and

(A.33).

As previously discussed, this analysis remains valid when ϵ = hc/L ≪ 1. For fur-

ther analysis, we ensure that hc is maintained within a certain range to satisfy the

condition ϵ ≪ 1.

In the regime where Re is very small, the results demonstrate that the solution

precisely corresponds to that of section 2.2.1, with a maximum difference of less than

∆h̄ ≡ (h̄net − h̄0)/h̄net = 10−3%, where h̄net is defined as h̄o + ϵh̄1. In this case, the
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Table A.1: Deviation of ∆h̄ for different Re

Re ϵ ∆h̄(%)

≈0 (10−6) 0.008 10−3

0.1 0.01 0.01

1 0.05 0.05

10 0.08 <0.1

100 0.1 1.5

distinction between h̄0 and h̄0 + h̄1 is minimal, confirming the accuracy of the lubri-

cation assumption. As the value of Re increases to 0.1, the variation is similar to the

small Re case. In the analysis, both Re and ϵ rely on hc. Adjusting Re affects only

fluid properties and input variable hc.

As the value of Re increases to 1, resulting in an increase in h̄1, the total height

h̄0 + ϵh̄1 also increases. For Re = 1, the maximum observed difference is less than

0.05%. At higher values of Re, such as 10, ∆h̄ still is less than 0.1%, suggesting that

the lubrication assumption remains valid. Finally, when Re = 100, h̄ values becomes

greater than 1.5%.

Therefore, from our perturbation analysis shown in table A.1, it can be concluded

that the analysis from section 2.2 and 2.2.5 is valid for Re ≤ 10 with an error less

than 0.1%.

As previously mentioned, this analysis remains valid for all ϵ = hc/L ≪ 1. Addi-

tionally, we have conducted further validation for ϵ values ranging from 10−3 to 10−1,

although these results were not included in the thesis. The findings revealed a similar

variation in ∆h̄ as ϵ was decreased even further.
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Appendix B: Experimetal data

B.1 Temperature data

This appendix contains information about the temperature variation in both smooth

and grooved heat pipes for both R513a and R134a refrigerants. The axial positions of

the evaporator thermocouples are as follows: T1 (2.5 cm), T2 (12.5 cm), T3 (22.5 cm),

T4 (32.5 cm), and T5 (42.5 cm) – refer figure 3.2 for illustrations. The axial positions

of the condensor thermocouples are as follows: T11 (77.5 cm), T12 (87.5 cm), T13

(97.5 cm), T14 (107.5 cm), and T15 (117.5 cm) – refer figure 3.2 for illustrations. The

temperature data for the adiabatic section is not presented in this section since we

did not utilize it to elucidate the physics in Chapter 3.

Tables B.7, B.8, . . . and B.18 display various properties of the liquid and vapor

refrigerants R513a and R134a. These properties are presented with respect to the

operating temperature measured for different types of heat pipes, namely smooth

heat pipes and grooved heat pipes, considering parameters such as Q and M .

Figure B.1: Grooved heat pipe for R134a: θ=4.5◦, Q =50W and different M
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Figure B.2: Grooved heat pipe for R513a: θ=4.5◦, Q =50W and different M

Figure B.3: Grooved heat pipe for R134a: θ=0.5◦, Q =50W and different M

Figure B.4: Grooved heat pipe for R513a: θ=0.5◦, Q =50W and different M

Figure B.5: Smooth heat pipe for R134a: θ=4.5◦, Q =50W and different M
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Figure B.6: Smooth heat pipe for R513a: θ=4.5◦, Q =50W and different M

Figure B.7: Grooved heat pipe with R134a: variation of liquid viscosity (Pas− s) at
θ=4.5◦

Figure B.8: Grooved heat pipe with R134a: variation of vapor density (kg/m3) at
θ=4.5◦

Figure B.9: Grooved heat pipe with R134a: variation of vapor pressure (Pas) at
θ=4.5◦
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Figure B.10: Grooved heat pipe with R513a: variation of liquid viscosity (Pas − s)
at θ=4.5◦

Figure B.11: Grooved heat pipe with R513a: variation of vapor density (kg/m3) at
θ=4.5◦

Figure B.12: Grooved heat pipe with R513a: variation of vapor pressure (Pas) at
θ=4.5◦
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Figure B.13: Smooth heat pipe with R134a: variation of liquid viscosity (Pas− s) at
θ=4.5◦

Figure B.14: Smooth heat pipe with R134a: variation of vapor density (kg/m3) at
θ=4.5◦

Figure B.15: Smooth heat pipe with R134a: variation of vapor pressure (Pas) at
θ=4.5◦
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Figure B.16: Smooth heat pipe with R513a: variation of liquid viscosity (Pas− s) at
θ=4.5◦

Figure B.17: Smooth heat pipe with R513a: variation of vapor density (kg/m3) at
θ=4.5◦

Figure B.18: Smooth heat pipe with R513a: variation of vapor pressure (Pas) at
θ=4.5◦
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