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Abstract

This thesis presents a detailed design concept, and analyses, of kinematics and forces-
based methods for the design of compact epicyclic planetary type gear trains torque
multiplier for the tightening of bolt joints mining equipment.

The new design is a hand-held Compact Torque Multiplier (CTM), which is superior in
parameters (e.g. dimensions, weight, output rpm and diameter) and performance with

existing off-the-shelf items, including SA6AM and SA8AM.

In order to ultimately assess the performance of the CTM under different geometrical
conditions, knowledge of the kinematics of interior gear assembly of the conventional
CTM is required. To determine the kinematics, a model approach was used. The
computed and empirical geometrical and kinematical values were in concordance with

ISO and AGMA reveled standards.

The new CTM has the abilities to improve human working conditions by reducing the

noise and vibration levels, and improving the quality of tightening bolt joints, which

reduces joint failure occurrences caused by inadequate tightening.
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1. INTRODUCTION
1.1.  Objectives of the Project
The primary objectives of this research can be summarized as:

- Minimizing the CTM, including general dimensions, outside
diameter, overall length, and weight (the relationship between the
sun gear diameter and the gear ring diameter);

- Developing the CTM to be able to tighten bolt joints with high
torque accuracy, repeatability, and generate sufficient torque
applied to bolt joints; and,

- The design CTM mechanism should be able to provide the
following output parameters:

o Output torque of 1100 Nm; and,
o Output shaft free speed of 100 rpm.

The new CTM designed will:

Improve the tightening quality of bolt joints;

Reduce harmful vibrations and effects on the human body;

Achieve the minimum operating noise level; and,

Reduce operating and capital costs.

The current literature available for epicyclic gear trains arrangements provides clear
explanations for its kinematics solutions, ISO {5, 7, 8, 9 and 10] and ANSI/AGMA [1, 2,
3, and 4] standards, which cover industrial and mobile applications of external and

internal gears.
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Unfortunately, there are no publications to date that present simple and comprehensive

design criteria and analytic techniques for hand-held tool utilizing planetary gear sets.

This dissertation develops techniques, which provide a potential solution for the unique

design of hand-held tools with planetary gear trains.

The developed methodology provides relationships between the magnitude of output
torque, bolt fastening torque, and tension forces that detail problems required future

study.
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1.2.  Structure of Study
The findings of the current study will provide knowledge and sufficient information to
enable the design and operation of the hand-held Compact Torque Multiplier (CTM),
including performance parameters and the model developed. The developed model links
dimensional settings with the predicted operating performance parameters. In Section 2,
the general and basic information related to the fundamental data of available power
supply, air sources, and hydraulic has been discussed. This section also discusses the
selection of air motors and analyzes the air motors data.
Fundamental information related to epicyclic gear arrangements and their behaviors, as
well parallel axis problem in gear setup, is discussed in Section 3.
The analytical portion of this work contains summaries of geometrical and strength gear
data, critical frequency, torsional and bending effect, and the influence of a drop in air
pressure and its effect on output torque. Axial forces in bolt joint and materials selected
are also subjects covered in Section 4. The design portion covers Geometrical Product
Specification (GPS), parallelism, perpendicularity, and concentricity in planetary carriers,
including surface finishing and radial transition from one plane to another. Removing
unnecessary material without jeopardizing the strength of the part and component reduces
the rotating mass. This is covered in Section 5. Discussion and review of current
available tools on the market is enclosed in Section 6. Conclusive comments and
recommendations for further studies are given in the same section. References, referring
to the most recent and updated textbooks that helped develop the literature review in this

study, are covered in Section 7.
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2.  POWER SUPPLY

2.1.  Power supply sources
Pneumatic-air motors are compact in relation to their power and the ease with which they
are controlled within a wide range of shaft rotation speeds; this is largely due to their
favorable torque characteristics. Air motors can withstand severe operation conditions,
including heat, moisture, dirt, and vibrations. When applied for bolting joint, the most
important factor for these motors is that they can be loaded to stall without damage. A
full list of the benefits is presented in Section 2.2. Additionally, the most important
benefit, which must be pointed out separately, is that they do not emit toxic gases, and do
not involve any risk of explosion.
The vane motor, design, and operating principles are illustrated in Figure 1.
The compression stroke is divided by a number of vanes that can retract into the rotor;
compression strokes are formed by the relative motion between a rotor and a stator. In
short, the rotor is equipped with radial slots in which vanes slide, and is eccentrically

mounted relative to the stator.

AIR INLET

SLIDE VANES

PO T

AIR OUTLET

Figure 1. Air motor flow diagram
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These vanes of the motor are compressed against the outer wall by centrifugal force, and
either the springs or the working pressure. The vanes form cells that expand and contract
with the movement of the rotor.

The compression volume could be expressed by:

Vi=4*xm*r, *exb (1)
Where:
Vg Average radius of vanes (mm)
e Eccentricity of rotor (mm)
b Length of the vanes (mm)

2.2. Air Motor Benefits

The air motor benefits can be itemized as:

1. Favorable torque behavior for bolt joint applications allows the torque to
increase up to a maximum at standstill value.

2. Can be operated to the stalling torque value. This prevents the possibility of
failure because of overload.

3. Could be equipped with the pressure regulator, which controls the pressure
of the compressed air supplied, and can regulate the stalling torque value.

4. Small compact dimensions, low weight, and fatigue free.
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5. Powerful and uncomplicated design guarantees long life and excellent
performance of air motor and tools.

6. Insensitive to operating environmental influences such as dust, external
moisture, temperature, etc.

7. High operational safety — air is harmless and there is no static build-up; it can
be used in an explosive area.

8. No potential for overheating because the expanding compressed air cools the
tool.

9. Simple for daily servicing, maintenance and repair (requiring a few daily oil
drops).

10. There is a minimal cost for the replacement of the air motor.

11. For proper performance and to achieve full benefits from its characteristics,
the air pressure should not be less than 6.3 bar at operating time.

12. Noise level should be less than 85 dB, which is the legislative limit in

Alberta [24].

2.3. Air Motor Requirements for CTM
To achieve the desired output torque of 1100 Nm and 100 rpm the air motor
should meet the following criteria:
- Shaft free speed of 7500 rpm;
- Minimum input torque of 15.0 Nm; and,

- Input power of 3kW.
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2.4. Characteristics of vane air motors
All air motors, regardless of design and configuration, have some characteristics
in common. This can be illustrated in the torque/power-shaft output speed
diagram in
Figure 2. When its runs unload, the torque is zero and the maximum shaft-rotor
speed (free speed, idling speed) is attained. As soon as the motor is loaded, the
torque supplied by the motor increases linearly while the shaft-rotor speeds drops.
The more the motor is loaded, the greater is the torque supplied; these are great
benefits of the air motor, and explain the positive creep pull of the van air motor.
The fact that the torque increases with decreasing shaft-rotor speed produces very
good low speed characteristics. This is particularly useful in the toughest bolt
joint applications since the air motor will not be damaged by stalling torque. The
air motor can also withstand a certain amount of forced reverse rotations. The
output power, which is a function of torque and shaft-rotor speed, attains its

maximum value at approximately half of the free/idling speed.

[}

-

| Starting Torque
\ \,
Y
(@P
&

Prax

Power P
Torque T

Speed n (pm) .8 max
2

Figure 2. Air motor characteristics and performance curve
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The general torque power equation for performance of the air motor can be expressed by:

, 9550
n

Tr=PrP

@

Where:

P = power in kW

n = revolution of rotor in 1/min

T = torque in Nm.
To obtain the actual air motor performance graph for the above parameters, a test with a
real motor should be carried out. This will confirm the theoretical performance curves in
Figure 3 that show the required theoretical torque/power vs. shaft speed characteristics.
Base on the above required, an air motor theoretical performance graph for CI'M 1100

was developed as shown in Figure 3.
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Figure 3. CTM 1100 air motor theoretical performance graph
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Considering Ingersoll Rand Company [18], two types of air motors are suitable with

performance characteristics as shown in Figure 4 and 5.

SPEED FOR DETERMINING SHAFT RADIAL LOAD
Sl ki ey 3.0

3 T Py
il oww
26
=
)
2 o st
%
1.3
LT > 0
SPEED (RPM) /!
2770 40 1L g0

Figure 4. Performance graph, Ingersoll Rand air motor model SM6AM [18]

SPEED FOR DETERMINING SHAFT RADIAL LOAD

TORQUE (L.B.FT)
POWER (HP)

- PRGN
/200 woa; >220F R
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SMEAM 3425 4850: 7375

Figure 5. Performance graph, Ingersoll Rand air motor model SM8AM [18]
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2.5. Analyses of Air Motors Data

Loads imposed on CTM and the air motor change rapidly. The load variations are
usually caused by imperfections of crest of thread, scratches, rust, paint, or other
types of obstacles in the bolt joint. In mining equipment, bolt joints are working in
extremely rough conditions. The air-powered tools require great flexibility for
torque transfer in order to adjust to unexpected resistances. The rate of change of
motor rotation required to overcome increasing torque in case of air motors is
lower with the steep torque characteristic curve. Taking this into consideration, air
motors are not very “elastic” compared to a combustion engine. Flossel introduced
the “elasticity of engine” approach in Germany around 1950 during an evaluation

of off road vehicles powered by gasoline and diesel engines [17].

N max

Q-
6‘\@
Q

Tmax

Thmax 7 %

/ <

N Tmax D Nmax " (rpm)

Figure 6. Elasticity of motor

-10 -
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The following give the definitions of the elasticity factors for combustion engines
and motors [17]:
- Elasticity of torque is defined as the ratio of the maximum torque to the

torque at maximum power produced by the motor.

T,
eTmax = TMAX (3)

N max

Where:

Tmax = Maximum torque

TNmax = Torque at maximum power.

- Elasticity of revolution is defined as the ratio of the maximum rpm to the rpm

at maximum torque produced by the motor.

— nNmax (4)

rpm
T max

Where:

Nnmax = Revolution of motor at maximum power

DTmax = Revolution at maximum torque.

- Then, elasticity of the motor is defined as a multiplication of e, and e

rpm :
E,=ep, *e,, (5)
In order to evaluate particular motor ability, the following elasticity expression

has been introduced:

1
q)M = eTmax - (6)

rpm

)

-11 -
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The value of ®,, allows assessment of different manufacturer’s motors.

Using these elasticity equations, the performance characteristics of the motors
were evaluated. Please see Figures 3, 4, and 5, as well as Tables 1 and 2.

It can be seen that the CTM 1100 is more elastic than other air motors at lower air
pressure (€.g. 4.8 bar). The selected model is insensitive to large and small drops
in air pressure and will certainly be the best choice.

However, if keeping a constant maximum pressure of 6.2 bar, the SM8AM will be

the better choice.

-12-
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Table 1. Air motors performance data at maximum operating pressure: 6.2 bar

AIR MOTOR MODEL
@ 6.2 bar SM6AM | SM8AM | CTM1100
m Tomax [Nm] 14.9 19.9 15.1
2
o Trimax [Nm] 6.6 7.9 8.0
- TiNmax [rpm] 4155 3637 3750
Q
5
3
> DTmax [rpm] 200 200 285
2
53]
2 T,
D | Crme = M 2.258 2.519 1.888
O TNmax
-
S
| &
b [: nNmax
O D | em= 20.775 18.185 13.158
B O T max
b4 >
S5
m
Sk
*
EE | P TG | 46910 | 45.808 24.842
=
z & \
S T | ®y=¢rpu— 2.256 2.516 1.886
= oy M 7 max 5 . . .
@) C = rpm
Q
5 <
=B
-13 -
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Table 2. Air motors performance data at lower pressure: 4.8 bar

AIR MOTOR MODEL
@ 4.8 bar SM6AM | SM8AM | CTM1100
2 Tax [Nm] 8.3 14.9 12.08
2
= Timex [Nm] 5.1 10.8 7
z Nomad [rpm] 3794 3320 3300
B
—
S
> Tax [rpm] 200 200 255
o
S e T
€rmm = 1.627 1.380 1.726
&
O TNmax
=~
B
~ |
’E:‘ i: nNmax
O D | = 18.970 16.600 12.941
= (@) nTmax
4 >
S5 0B
m
S|k
= *
ZE | P T e | 30864 | 22908 22336
=
g E !
SO | Pv=Cm—T7 | 1626 1.378 1.724
OOk pm
Q
5 3
= m
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2.6. Shaft-rotor speed control
The throttle control or the pressure valve controlling restriction at the inlet and
outlet determines the speed of the air motor at a given torque. Pressure control
valves are more common controlling devices for vane air motors. They must
allow sufficient air volume flow and pressure into the motor to overcome the
resisting torque of the load and internal losses. The given mean pressure can thus
be achieved by an adjustable or variable flow of restrictors either on the inlet or
the outlet side of the air motor.
For hand-held tools, air motors must have the ability to generate torques in both

directions, i.e. clockwise and counterclockwise, with the same proficiency.

2.7. Silencing
Air motors for hand-held tools are silenced in the exhaust air being passed
through the rotor which is equipped with vanes and several chambers controlling
direction of airflow. The chambers have a special profile and certain directions to
achieve a maximum performance with a minimum of volume of air motor. During
long continuous operations of expansion motors, the risk of freezing air at the
exhaust-silencer system must be considered. The degree of the silencing system,
or devices, are limited by the available space on the handle of the air motor;
please see Figure 21. Simply put, the silencer is the resistant in which the exhaust
air is discharged into a larger volume and then put through a porous outlet
material. To achieve good results, the best efficient silencer must have low outlet

velocity and good absorbent in the chamber.

-15 -
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2.8. Discussion

The concept of engine elasticity, proposed by Flossel [17], can be applied directly
to vane air motors used for CTM 1100. Data for the three-selected vane air motors
is shown in Figure 3, Table 1, and Table 2. Analyzing the motors elasticity factors

yields the following conclusions:

The best motor will be the one with characteristics of CTM 1100;

- As the best choice, the CTM 1100 should be chosen;

- The second alternative will be SM6AM air motor made by Ingersoll Rand;
and,

- The last option will be model SM8AM air motor made by the same

manufacturer.

Data from the graphs for SM6AM and SM8AM models suggest that:

The following comments are in order after investigation of SM6AM and

SM8AM performance graphs;

- The magnitude of torque and power after interpolation were marked on the
appropriate axis;

- Value of rpm at maximum torque and power were written on the graphs;

- Torque value at 0 rpm is usually lower, ~ 5 to 7% of maximum torque; and,

- Stall value is an important part of the performance of the air motor during the

tightening of the bolt or nuts; its value is 5 to 10% higher than the maximum

torque.

-16 -
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3. GEAR ARRANGEMENTS

3.1. Parallel Gear Axis Arrangements — General Consideration

The most common gear arrangements are those containing a pinion and gears on a

parallel axis.
The teeth for these kinds of arrangements could be spur, helical, or herringbone [15].

A simple gear train contains a pinion-driver and a gear—driven.

Z
4 N _ | _ GEAR
|7 GEAR 1
— IDLEQ_ _
—4—
PINION — | — .
PINION — | —

Figure 7. Simple gear arrangement with parallel axis

The ratio for the design is equations (1) and/or B.10 (Appendix B):

Uu=—"2= @)
z  d,
For compound gear arrangements, the ratio is:
U= *u, *u,..., ®
u=20s0 % 9)

2y Zp 2

-17 -
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Where: u, = Ratio of the first stage
u, = Ratio of the second stage
u, = Ratio of the third stage
z,, = Number of pinion teeth for the first stage
z,, = Number of pinion teeth for the second stage
z,; = Number of pinion teeth for the third stage
z,, = Number of gear teeth for the first stage
z,, = Number of gear teeth for the second stage

Z,; = Number of gear teeth for the third stage.

3.2.  Kinematics parameters of the planetary gear set [15]

In planetary gear sets, two-reference systems exist:

- Absolute w,, ; and,
- Relative (assigned to carrier planet) w,, .

Absolute angular velocity of an element planetary gear could be calculated
as a sum of the absolute velocity and the relative velocity of carrier planet.
In general, Willis’s method (Robert Willis published his findings in 1857 in
“Principles of Mechanism,” but this reference was not possible to obtain)
presents a solution for the rotational speeds in the planetary gear (See

Figure 8).

- 18-
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a, —w 1
X o _ “Xo __
= =Uoxy (10)
a)}’ -, wYo

o

Where:

w,, = Absolute angular velocity
oy, = Relative angular velocity of carrier
u,., = Internal epicyclic ratio

X = Central axis (theoretical center line of sun gear)

Y = Axis of planet.

. . . ®
Note: when carrier planets are locked, the internal ratio is u,,, = (—1—) .
a)Y w,=0

PLANET
. 2
SUN _+
z, =
CARRIER
RING GEAR  |_|_
(ANNULUS) ™
Z3

Figure 8. Epicyclic gear arrangements

-19-

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



For simple gear arrangements, the following relations are true [15]:
1. Regardless of the number of idlers, the ratio is always the number of teeth
in the output gear divided by the number of teeth in the input pinion.
2. An idler does not change the gear ratio of the gear train; it does, however,
change the direction of rotation of the output gear.

3. The ratio of the output torque to the input torque is equal to the inverse of

the speed ratio.

3.3. Design of the Planetary Gear Drives with Parallel Axis

During the design process of the parallel axis planetary gear train, the following
rules should be considered:

A. Uniform tooth load distribution across the tooth flank is one of the
most important factors; parallelism and perpendicularity of the
bearings and shafts to each other must exist.

B. To reduce excessive windup, designing relatively long shafts or
narrow pinions should be avoided.

C. Maintain equal torque through every power path.

D. Minimize bearing loads in idlers.

-20-
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3.4. Epicyclic Planetary Gear Arrangement

Every epicyclic planetary gear arrangement contains four basic elements or parts:
- Sun gear and pinion with external teeth;
- Planet gear with external teeth or gears;
- Carrier planet, element-holding planet or planets; and,

- Gear ring with internal teeth, also known as an annulus.

3.5. Simple Epicyclic Planetary Gear train
A simple epicyclic planetary gear train could be arranged in the following combinations:

Table 2. Ratio available for simple epicyclic gear arrangements with: z;=17, =22, z3=

65
OVERALL | AVAILABLE RATIO
CASE | INPUT | FIXED | OUTPUT | ROTATION RATIO RATIO RANGE
z
A Sun | Carrier | Ringgear | Opposite u= ’2'3’ 2.955 2:1to 11:1
2
)
B Sun | Ring | Carrier Same u= Z—+1 3.955 3:1t0 12:1
gear 2
_%
C | Ring | Sen | Carrier Same u=—+ 1 1.338 1.2:1t0 1.7:1
gear 3
_5 NOT
. . . u=—
D lg{:;f Carrier Sun Opposite z, 0.338 PRACTICAL
Zy NOT
. . "=
E Carrier 1;1;% Sun Same z,+2, 0.253 PRACTICAL
__ = NOT
. - u=
F Carnier Sun Ring gear Same z,+7, 0.747 PRACTICAL
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The following are schematic representation of the simple epicyclic gear train
arrangements:

Fixed carrier — output gear ring - setup called star, case A

Fixed ring gear — output carrier, setup called planetary, case B

Fixed sun gear — output carrier - setup called solar, case C

%

1

INPUT —+ OUTPUT
RINGGEAR  _|_
(ANNULUS)
Z3
A STAR SETUP
- —
+ PLANET
PLANET - 2
S 4
ul INPUT | | | ouTPuT
INPUT OUTPUT , |
/
Ped SUN_—1 —+
SN 1 z CARRIER
z, CARRIER 1
RING GEAR RING GEAR |_|_
= TRV TR TR T, i —
TANNULUS) ™~ | (ANNULUS)
Z3 23
1 -
B e C
PLANETARY SETUP SOLAR SETUP

Figure 9. Simple epicyclic gear train: star, planetary and solar
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4. ANALYTICAL CONSIDERETION OF THE PROPOSED DESIGN

An epicyclic gear train has a sun gear mounted on a moving "arm" that can rotate itself as
well as the gears. The arm can be an input or an output element, and can be held fixed or
allowed to rotate. A simple, but very common, epicyclic train is the sun-and-planet
epicyclic train, shown in Figures 7 and 10. Three planetary gears are used for mechanical
reasons; they may be considered as one when describing the actions of the gearing. The

sun gear, the arm, or the ring gear may be input or output links.

4.1.  Geometry Considerations of the Design

The average human hand span, measured between the thumb and the four fingers, is
approximately 70 mm. Considering this rule, the outside diameter of the new CTM
should not exceed 70 mm

From Figure 10, it is possible to find the length of the arm of the carrier, which is equal

to:

z,+(z3_z‘)
2 )

zZ,+z 2 Z,+z
‘AEnt(e.rr) = . 2 2 = 2 = 34 ! (11)
The torque equilibrium is:
T, =T, (&} =T, (Hi] (12)
a)Your Z3
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Where:

w,,, = Input absolute angular velocity
w,,,, = Output relative angular velocity of carrier

T, = Output torque

T, = Input torque

\\
~_ _(ANNULUS) "~

RING GEAR Z3

Figure 10. Velocity and torque ratio diagram
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4.2.

Space Criteria for Planetary Gear Design [2]

4.2.1. Coaxiality
Sun, planet, and gearing axes must meet the equation (see also Figure 11):
g =—Gp  (13)
Where:

ag, = Distance between the centerline of the sun gear and the planet

ap, = Distance between the centerline of the planet and the gear ring.

4.2.2. Assembly
The gear assembly criteria must satisfy the following equation for all
stages:

zg+z,

=1 (14)

CcP

Where:

I, = Result must be an integer
z, = Number of teeth of the sun gear
z, = Number of teeth of the ring gear

Z.» = Number of planets.
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4.2.3. Neighborhood criteria

All planets on every stage must satisfy the following equation:

. T
(zP +zs)*sm—> Zp+zZ0p. (15)
CP

All nomenclature of indexing is the same as above.

Figure 11. Planets neighborhood criteria and spacing

4.3. Gear Calculations for the new Design

All calculations were conducted on the basis of ISO standard method B. Power losses and
specific sliding was calculated on the basis of ANSI/AGMA standards [2, 3, 5,7, 8, 9,

10, 11].

Note:  Those standards are not compatible and not interchangeable.

To achieve the smallest outside diameter, an imperial module, rather than a metric one,

was used.
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4.3.1. The First Stage Selected Data

Table 4 complies the most important geometrical parameters of the first stage of

Compact Torque Multiplier

Table 4. Selected geometrical parameters of the first stage of Compact Torque
Multiplier (selected detailed calculations in Appendix G)

DESCRIPTION SYMBOL UNITS SUN PLANET RING
Number of teeth Z 17 19 -55
Pitch Dia D mm 17.992 20.102 58.190
Root Dia Dg mm 15.350 17393 60.921
Base circle Dia Dy mm 16.306 18.224 52.755
Tip Dia Dy mm 20.108 22225 56.092
Circular tooth ts mm 1.662 1.662 1.662
thickness
Clearance min.
basic c mm 0.263 0.263 0.263
Pressure angle a deg 25.000 25.000 25.000
Normal module m mm 1.058 1.058 1.058
Center distance a mm 19.05 19.05 19.05
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Table 5 list the most significant mechanical parameters of the first stage of the Compact

Torque Multiplier.

Table 5. Selected mechanical parameters of the first stage of CTM

DESCRIPTION SYMBOL | UNITS SUN PLANET RING
Rated power P kW 3.14 -3.14 0.0
Rotational speed n 1/min 7500 1771 0.0
Torque T Nm 3.998 -16.93 12.93
Face width F mm 8.0
Compressive stress | g, MPa 1419.0 1342.0 789.0
— fatigue
Maximum
shear stress at O ctim MPa 418.0 396.0 233.0
tooth root
Contact ratio S/P £gp 1.392
Contact ratio P/R Epp 1474
Specific sliding S/P v, 0.670 0.703
Specific sliding P/R v, 0.908 0.551
Number of planets Zep 2
-28 -

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



4.3.2. The Second Stage Mechanical Parameters of the CTM

Table 6. The list selected mechanical parameters of the Compact Torque Multiplier

DESCRIPTION SYMBOL | UNITS SUN PLANET RING
Rated power P kW 83 -8.3 0.0
Rotational spéed n 1/min 1771 418.2 0.0
Torque T Nm 4475 -189.5 1448
Face width F mm 12.0
Compressive stress | g,/ MPa 1789.0 1692.0 994.0
— fatigue
Maximum
shear stress at O cim MPa 528.0 499.0 293.0
tooth root
Contact ratio S/P Egp 1.392
Contact ratio P/R Epp 1.474
Specific sliding S/P v, 0.670 0.703
Specific sliding P/R v, 0.908 0.551
Number of planets Zep 2
-29 .

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



4.3.3. The Third Stage Parameters of the CTM

Table 7 shows determinate and selected parameters of the third stage of the designed

Compact Torque Multiplier.
Table 7. List of selected mechanical parameters for the third stage of the CTM
DESCRIPTION SYMBOL | UNITS SUN PLANET RING
Rated power | 4 kW 11.38 -11.38 0.0
Rotational speed n 1/min 418.0 98.7 0.0
Torque T Nm 260.0 -1101.0 841.1
Face width (active) F mm 16.0
Compressive stress | o, MPa 3194.0 3022.0 1776.0
— fatigue
Maximum
shear stress at G MPa 942.0 891.0 524.0
tooth root
Contact ratio S/P Egp 1.392
Contact ratio P/R £op 1.474
Specific sliding S/P v, 0.670 0.703
Specific sliding P/R v, 0.908 0.551
Number of planets Zep 3
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4.4. Determination of the critical frequency for vibration for the first stage of the CTM

It is necessary to determine the magnitude of the critical speed of the first train
CTM, as it could run in the future with higher initial rotating speeds. For these

calculations, it was convenient to use Holzer method. For detailed calculations,

see Appendix G.
TORSIONAL FREQUENCY COURVE
2
15
g -
S N
(&) rad
2 0.5 LN 10464 —
5 \ / sec
g 0 \\
05 \\
\N_

1
165 3221 62.77 9333 12388 15444 185
w (radfsec)

e Torsional curve
amemee 7,270 line - neutral

Figure 12. CTM 1100: first stage torsion frequency graph
The critical magnitude speeds of this gear train system correspond to the
intersection of natural frequencies, with the horizontal at point zero. This results
in zero on the 1% harmonic torsional frequency curve. It can be seen from Figure
12 that the first natural frequency of CTM in this model is 104.64 rad/sec. Also
from Figure 12, it is evident that the frequency value for the designed CTM 1100

is 104.64 rad/sec, which is less then the critical value of 125.0 rad/sec.
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4.5. Torsion and Bending Effect — Third Sun Gear
On base ISO 6336 standard [7], the torsion and bending of the last stage and
necessary backlash were calculated and verified; the results are represented in

Figure 13. For detailed calculations, see Appendix G.

0114  COMBINE DEFORMATION (BENDING & TORSION)

\

\
N\

AN

N

\\
T~

0 5 10 15 2 25

TOTAL DEFORMATION, BENDING & TORSION in [nm]

LENGTH of THIRD SUN GEAR

Figure 13. Bending and torsion acting in last sun gear
Maximum deformation is at the end of the sun gear; contact with the planets is
0.114mm (from Table 3). Clearance min. basics are 0.263 mm and there is 0.153
mm of clearance left.
Initial clearances are important factors and they must be considered at the

beginning of the design process.
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4.6. Windage and Bearing Losses

Planetary gears, with parallel gear sets, always have a tendency to windage.
Windage is caused by the fact that the input torque comes from one end and the
output torque comes from the opposite end. The mechanism must be in balance in
such way that the active forces must be equal to the reaction ones. Calculation of
windage was conducted on the basis of ANSI/AGMA 6123-A88 [2]. Figure 14
shows the relationship between power losses vs. gear design factor for the third
stage of CTM.

For detailed calculations, see Appendix G.

3rd STAGE POWER LOSS
210 \
@ s
172
: \;
g 110
% \\
510 1
b-\_‘—\&\,_\_h_\—\—
0
0 S0 1000 1500 2000 2500 3000 3500 4000
GEAR TRAIN DESIGN FACTOR

Figure 14. Graph representing power losses in third stage
From Figure 14, it is clear that that the CTM bearings exert a very small
resistance and the magnitude of power loss of 3x10® W can be considered

negligible.
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4.7.  Effective Air Pressure Range for Applicable Output Torque of CTM
Figure 15 shows minimum and maximum torque available from a CTM 1100 air
motor (see Figure 3, air motor theoretical performance graph for minimum and
maximum output torque), regulated by the pressure regulator from 6.2 bar to 4.8

bar.

CTM 1100 Theoretical Torque Input/Output Diagram
1200 T T T T T T

11001 i

107L9- l—l-l-l-l-l-l-l-l-l-l-l-l-I-I-I-I-I-I-I-I-I-I—I

1000

800

Output Torgque Nm

500 ] | L ! |
38 10 11 12 13 14 15 16

Input Torgue Nm

Figure 15. CTM 1100 Input/Output Torque diagram
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Figure 16 shows influences of the variation of output torque and its effects to
tighten bolts or axial loads generated by the applied torque. Line 1 (dashed line)
was generate on the base of the common equation [19):
T=k*D*F (16)
Where:
k=k+k,+k,
k, = represents the torque factor losses by friction on the
bearing surface of the nut or bolt, approximately 50%
[19]
k, = this factor represents the losses due to friction on the

contact thread flanks, approximately 40% loses of

total torque [19]

k, = the useful factor of applied torque [19], about 10% of

total torque
D= bolt nominal size [mm]
F = bolt tension [kN].
In accordance with SAE J 1701M [19, Table 1], k factor ranges from 0.05 to
0.35. For torque calculations, the value of “k” was equal to 0.2.
By rearranging equation (16), the value of applied bolt tension can be calculate

T

from: = .
k*D

(7
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In accordance with VDI 2230 [20], the following equation was used to generate
line (2) in Figure 16:

P 2*T
" Dyt f)+(C,*Dy)

(18)

Where:
D,, = nominal bolt diameter [mm]
fy = coefficient of friction between bearing nut or bolt and washer
C, = dimensionless thread angle factor (see equation 19)

D, = pitch diameter of the bolt thread.

o _anB+9)
cosa

(19)

Where:

f = helix angle of the thread [deg]
¢ = thread coefficient of friction; see equation (20)
a = thread angle [deg]

¢ =atan(f;) (20)

Where:

J; = friction coefficient between threads.
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Torque Tension Diagram
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Figure 16. Pressure drop and effect to applied output torque

4.8. Materials
The CTM will be made from a few different ferrous and non-ferrous materials
[15, 21, 22] which were carefully selected to achieve maximum performance
durability and reliability with a relatively low cost. The tensile strength of carbon
steel can be correlated with the hardness. The tensile strength value in conversion

tables are, however, averages and as such should never be used for tensile testing

[15].
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Table 8. General properties of the major materials used for CTM 1100

ONOMINAL | MODULUS of YIELD ULTIMATE { HARDEN-
HARDNESS | ELASTICITY | STRENGTH | TENSILE | ABILITY
Rockwell C (Young’s STRENGTH
MODULUS)
UNITS
MATERIAL
F = 147IN MPa MPa MPa
ANSI-4140 32.0 1970.0 655.0 1020.0 VERY
GOOD
ANSI-4340 38.0 1970.0 860.0 1280.0 VERY
GOOD
VascoMax 32.0 189650.0 1693.0 1771.0 VERY
C-300 GOOD
VascoMax 35.0 199950.0 2037.0 2139.0 VERY

Note: Pnominal hardness measured at annealed condition of steel
An important aspect in choosing a material for gears for the new torque multiplier is its
hardenability. Hardenability is related to the ability of a material to fully harden to

martensite structure through to the center of the part.
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4.9. Lubricant for CTM 1100

Rotating elements, bearings, gears, and shafts can operate reliably and they must be
adequately lubricated to prevent direct contact between two bodies.
The oil is a material that is to separate the two bodies in a state of relative motion.
The main functions of the lubricant are to:

- prevent direct contact between these bodies;

- reduce friction and wear;

- transfer the generating heat during running of the gears;

- act as a sealant;

- prevent corrosions; and,

- reduce noise.

The most favorable operating temperature is from 0°C to 50°C, where the minimum
amount of lubricant required for reliable gear and bearings is at operating requirements.
In the case of CTM 1100, the function of oil also transfers the heat generated during
normal and excessive loads on gears and bearings, so the amount of oil is larger than the
gear and bearing requirements.

For lubrication of CTM 1100, synthetic oil 0W-30 is recommended [23].
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5. DESIGN of NEW COMPACT TORQUE MULTIPLIER
In order to protect the filed patent application, only the geometrical profile and

Geometrical Product Specification (GPS) data is provided in this section [12, 13, & 14].

5.1. GPS surface texture for first and third carrier of CTM

J/Faos

EXTENDED SUN HUB

FIRST CARRIER 6 HOLES

Figure 16. First carrier with GPS symbols

EXTENDED SUN HUB

THIRD CARRIER

Figure 17. Third carrier with GPS symbols
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To achieve long life, good durability, and reliability of planetary gear sets, the
required geometrical criteria must be met during the design and manufacturing
process. It should be verified during the quality control and inspection process.

1t is required to establish a datum or data. In this case, datum ‘A’ will be
designated as primary, and ‘B’ as secondary.

Both data are extremely critical for efficiency and performance of the planetary
mechanism. In this case, datum ‘A’ is primary on this axis, and all elements are
rotating with balance.

In order to reduce rotating mass, unnecessary material was removed from Figure
16, which represents the first carrier that the element is rotating with 5126 rpm. It
bore through 6 holes and, at the same time, was reduced by the weight of the
compact torque multiplier (CTM). Smooth transition is required from one plane to
another in both Figures 16 and 17. The transition was marked as ‘R.’

Every radial transition requires a smooth surface finishing to reduce and minimize
the stress of the concentration area. This was marked with a triangle symbol with

the number Ra0.8 while the number 0.8um represented surface texture

finished in accordance with ISO and ANSI standard nomenclature [12, 13, & 14].
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Figure 18. Surface profile
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Figure 19. Surface parameters

LOCAL SLPOPE

Figure 20. Local slope profile
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From Figure 20, it is possible to determine the local surface slope and profile with
following formula [14]:

% = ﬁx—(zf” =9, +45,,-45, ,+9.,-z) (@D
Where:

z, = height of the ith profile point

AX = spacing between adjacent profile points

and the arithmetic mean deviation of the assessed element profile could be

expressed by the formula:

!
R, =% flze)ax (22)
0
Where:

! = sample length (Figure 19).
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5.2.  Final design of the new CTM 1100

For patent protection, only the essential components of the CTM 1100, shown in

TYES P

M=

Figure 21.

CTM 1100

UofA

269.0

@80.0

200.0

ITEM DESCRIPTION 8
ANNULUS

FIRST STAGE ASS.
SECOND STAGE ASS.
THIRD STAGE ASS.
OUTPUT ASS. SQUARE 3/4”
ADAPTER ASS.

AIR MOTOR

DIRECTIONAL SWITCH

AIR INLET

SILENCER

O R[N (O |h W [N |=

-
o

Figure 21. Assembly, CTM 1100 with air motor and section view of planetary

gear set
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5.3.

The CTM 1100 and the existing bolt tightening tools

Table No. 9 lists the major parameters of the commercially available tools for bolt

tightening and the designed CTM 1100 multiplier.

Table No. 9. Bolt tightening tools commercially available

N Square. 3/4” DRIVE
%
)
> ct™M® | pT72® | PT72® | RAD® | Mountz®
1100 1000 1000 AUT | 800NG CLD 95
WEIGHT 3.4 4.7 7.0 4.3 7.5
Without Reaction (7.5) (10.4) (15.4) 9.5 (16.5)
Arm. kg, (Ib)
OUTSIDE 69.0 72.0 72.0 72.0 85.0
DIAMETER Q.7 2.8) (2.8) (2.8) (3.3)
mm [in]
‘I;,lthGTH 200.0 301.0 373.0 197.0 277.0
ithout ATR
MOTOR mm [in] (7.9) (11.85) (14.65) (7.75) (10.9)
OUTPUT
TORQUE ~1080.0 | ~1000.0 ~1000.0 | ~1100.0 1080.0
Nm, (Ibf*ft) (~796.0) | (~738.0) (~738.0) (811.0) (~796.0)
OUTPUT 92.0 15.0 75.0 30.0 13.0
-RPM
@ 7000 meuT
NOTES:

) The manufacturer of this tool is Norbar Torque Tools Ltd. www.norbar.com

@ Two speed the manufacturer of this tool is Norbar Torque Tools Ltd. www.norbar.com

®) The manufacturer of this tool is New World Technologies Inc. www.radtorque.com

® The manufacturer of this tool is Mountz Inc. wWWWw.etorque.com
©) The CTM 1100 - Compact Torque Multiplier,

is the invention of the University of Alberta.
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6. CONCLUSIONS and RECOMMENDATIONS for FUTURE WORK

6.1 Conclusions

6.1.1. The new design of the Compact Torque Multiplier incorporates a novel
compact solution and analyzes methodology of epicyclic planetary type gear trains
for applications in hand held bolt-tightening devices.

6.1.2. The developed Compact Torque Multiplier — CTM showed superiorities over
the existing commercially available devices in the following aspects:

e The CTM 1100 weight of 3.4 kg is 20% to 220% lighter

¢ The CTM 1100 outside diameter of 69 mm is 4% to 23% smaller

¢ The CMT 1100 total length of 200 mm is 38% to 86% shorter

e The CMT 1100 output torque of 1080 Nm has about the same magnitude

e The CMT 1100 output speed of 92 rpm is 707% larger then rpm of the slowest

e Noise level of CTM 1100 should be determined on physical tests to confirm data

e Accuracy and repeatability must be confirmed on model in laboratory tests

6.1.3. During the design stage of the Compact Torque Multiplier, all calculated and
assumed empirical values of variables that were obtained in accordance with ISO
and ANSI/AGMA standards.

6.1.4. The new approach, based on the elasticity of critical factors, is thorough and
conclusive for selecting the air motor used in hand-held tool powering applications.

6.1.5. The new presented methodology for defining the air motor characteristics is a

unique and promising effort in this engineering field.
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6.1.6. The effect of the developed pressure drop analysis in this new designed CTM on
the output torque is of paramount importance for the designing and application of

these types of devices.

6.2. Recommendations for future work

Since the purpose of this work was to develop a CTM for use in mining industry, the
following recommendations suggested regarding design changes dependent on the

outcome of the future prototype performance and industrial test results.

6.2.1. The pre-production unit of CTM should be prototype tested to verify full

conformance to its design, function and performance.

6.2.2. Using the same technique the CTM can be re-engineer to the second generation
prototype, bringing to the table current technologies for materials in addition,

specification upgrades, building CTM more update.

6.2.3. In order to verify the magnitude of the predicted natural frequencies of the CTM
system when exited by dynamic bolt tightening load and applied torque modal
analysis using solid modeling techniques and numerical model analysis tools is

recommended.
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A. GEAR GEOMETRY
A.1 Basic Concepts: Geometry of Single Gears
Gears are toothed wheels that rotate about their axis; motion is equivalent to the
rolling contact between solids of revolution, enclosed by pitch cylinders. The
teeth of a mathematically determined shape are spaced uniformly about the
circumference of a gear so that one gear meshes with a second gear. A rotary
motion is transmitted from one gear to another with a continuous and constant

angular velocity ratio by the continuous engaging teeth.

The gears arrangement can be divided into two basic categories:

A.1.1. Gears with parallel or intersecting axis, where cylindrical or
conical pitch cylinders or cone surfaces are in rolling contact without any relative
sliding motion. Spur and helical gears have parallel axes and cylindrical pitch

surfaces, bevel gears have intersecting axes and conical pitch surfaces.

A.1.2. Gears with crossed or nonintersecting axis, in theory, should have

pitch surfaces in hyperbolic form so the rolling motion between the surfaces is

accomplished by sliding along their line of contact.
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A.2 Properties of Involute
An involute is the locus of a point on a tight cord unwinding from the

circumference of a “stationary circular disc” (base circle).

BASE CIRCLE

Figure A.1 Base circle and involute

Length of base circle arc 4B = length of tangent BB’;

Length of base circle arc AC = length of tangent AC’, etc.

The parametric equations for the polar coordinates of the involute are:

¢ =tany —y(rad) Al
R=—% A2
2xcosy

with the angle y as a parameter.
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The “stationary circular disc” of diameter d, , as shown in Figure 1, represents the

base circle for the involute tooth profile.

With mating involute gears, tooth contact takes place along the line of action.

}.__._— CENTRE DISTANCE
S
g 7
T/
|\ .

[ EXTENDED CENTRE DISTANCE

Figure A.2. Analogy and comparison of involute and rope drive and line
of action 4,C,

The transmission of movement (rotation) by the involute tooth flanks could be
analogous to that of a crossed inelastic rope drive having pulley diameters the
same as the base circle, where the rope is wound from the driven pulley onto the
driving pulley.

The wound and unwound lengths of rope are equal and correspond to the length
of the tangent to the base circle from the point of contact involute:

Arclength 4B, = 4B,

Arc length 1/31—51 = B,C,
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The analogy between involute gears and rope drive can extend further. The
system is tied to a fixed center distance so that the centre distance can be
increased or decreased with either system without jeopardizing its function.
Similarly, the gear ratio is given by the base circle or pulley diameter ratio in each
case. For a better visualization of extending the center, distance gives involute
gears an advantage over gears with other tooth profiles.
The extent of the modification of the center distance is limited, in practice, by the
limits imposed on the tip and root circles of the involute profile.
The minimum and maximum center distances are determined by two conditions:
- Meshing interference must not occur at the root of the tooth; and
- The next tooth must have already entered into engagement before the
previous tooth leaves engagement - transverse contact ratio must be

greater than 1.

A.3.Basic Gear Tooth Data

Involute helicoids is the surface generated by a straight line inclined at a constant

angle to the axis of stationary cylinder (base cylinder) and contained in a plane

and pure rolling without slip on the surface of the cylinder.
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The base helix angle S, is the sensitive angle between this straight line generator

and the line parallel to the cylinder axis, which is also contained in the rolling

plane.

INVOLUTE HELICOID
STRAIGHT LINE GENERATOR

BASE CYLINDER

ROLUNG PLANE UNWRAPPED from BASE CYLINDER

Figure A.3. Involute helicoids tooth flank surface of a helical gear with base helix
angle S, and base lead angle y,

Every individual tooth could be right and left hand involute flank joined by the
surface on the tip of the cylinder at the crest, and determined by the base diameter

d, , and the base helix angle £, .
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BASE CIRCLE
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Figure A.4. Gear tooth nomenclature
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Figure A.5. Gear diameters nomenclature

-59.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



Data required for specifying a spur or helical gear:

Table A.1. List the basic parameters

ITEM PARAMETER SPUR HELICAL
1 Number of teeth Z Z
2 Base diameter d, d,
3 Base helix angle NA B,
4 | Base tooth thickness s, s,
5 | Tip diameter d, d,
6 Root diameter d, d,

Data for items 1, 5, and 6 could be determined from basic design parameters; e.g.
from Equation (24), (23), and (22) (Table No. A.1).

Data for items 2 and 3 required special tools and measuring equipment but “base
tooth thickness™ s, , could be found indirectly from measurements of the base
tangent length. For more details, see Appendix F.

The data for generating the gear can be calculated once the above data has been

established.
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A.4.Data for Generating Gears
Geometric properties of involute gears is produced by the generating process.

A rack type cutter with an infinite number of teeth can produce spur gears.

Internal spur gear and helical can be produced by a pinion type cutter.

DATUM PLANE

\ REFERENCE CYLINDER BASIC RACK PROFILE

SPUR GEAR
PITCH DIAMETER

Figure A.6. Relation of spur gear, basic rack and rack cutter

For spur and helical gears, the tooth traces are the lines of intersection between the
tooth flanks and the reference cylinder surface.

These lines are helixes on the reference cylinder and they will be straight lines
when the surface of the reference cylinder developed in the pitch plane.

The sharp angle between the developed tooth trace and the straight-line generator of

the reference cylinder is the helix angle 5.
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TOOTH TRACES ON THE REFERENCE CYLINDER

Figure A.7. Tooth traces on the reference cylinder and pitch plane

A distinction has been made between transverse and normal dimensions for pitch.
The following description applies:

- Transverse pitch p, - distance between the tooth traces of adjacent
corresponding flanks in the pitch plane measured at
right angles to the reference cylinder generator.

- Normal pitch — distance between tooth traces of adjacent corresponding
flanks in the pitch plane measured at right angles to

the tooth traces.
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Considering ISO standard the diameter of the reference cylinder (diameter d) can be

calculated from the module — m from following equations:

T
=" [mm] A4
cos

In the imperial system, pitch is specified in terms — diametral pitch P,
where:

254*rx

p= Pi[inch] = [mm] A5

nd nd

The relationship between module “m” and P, expressed by equation:

254

m A6

nd

The basic rack profile is fundamental to the specification of involute gears. It
determines the tooth profile on the gear, the generating rack profile, and associated

rack shaped cutter tool.
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The basic rack profile is the normal section through the teeth of the basic rack that

corresponds to external gear with number of teeth z = and diameterd = .
The tooth of the basic rack profile is bound by the tipped line at the top and by the

parallel root line at the bottom. The fillet between the straight tooth flank and root

line is usually a circular arc.

——— p=T+M —| a
= D/2 == DP/2 ~ [
’ / M V & / TiP LINE
o ' \ i — ;
By :
iS e \

Figure A.8. Basic rack profile

f— P=7Txm —=
~ D2 ~~P/2~

TIP LINE

Figure A.9. Basic rack profile with undercut
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Characteristics parameters of a basic rack are:

- Basic rack profile with module m has pitch p=7zxm;

- Datum line —pp- is the line drawn parallel to the tip and root lines;
- Tooth thickness = tooth space = half the pitch = g;

- Dimensions of the basic rack profile are given relative to the datum line and are

quoted as a multiple of module - m. Dimensions relating to module m =1.0
are identified by * h, *;

- Mating rack profile is symmetrical to the basic rack profile about the datum line

(pp), and displaced by half a pitch relative to it;
- The parts of the flank are inclined at the profile angle « to line normal to the

datum line. This angle is the same as the pressure angle o («, ) at the reference
cylinder of the gear;

- Tooth depth 4, is divided by the datum line into the addendum 4, and

dedendum hﬂ,;
- Dedendum 4, is the sum of addendum 4, and the bottom clearancec,, ;

- Bottom clearance determines the greatest possible fillet radius p . ; the radius

must not be greater than that resulting in the full fillet root;

- The condition for this is:

c T*m 90°+«
= £ < ~h_*tanq |*tan A7
P fpmax I-sina ( 4 i a) ( 2 )
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- The basic rack profile with fillet undercut with depth U, and profile angle o,

is used for gear cutting by sharp or other similar finishing by grinding.
A.5.Addendum Modification

During the manufacturing of the gears by a generating process, the datum line of
the basic rack profile does not necessarily need to form a tangent to the reference
circle. The tooth profile could be alternated by shifting the datum line from the
tangential position.
The involute shape of the tooth profile is retained and affected to the tooth profile.
The displacement is:

- Positive when in the direction is away from the centre of the gear

(x*m>0); and,

- Negative when in the direction is towards the centre of the gear

(x*m <0.) This relation also applied to internal and helical gears.

o -/f\

V
|
A\

REFERENCE CYLINDER

m:

Figure A.10. Tooth profile without modification addendum x*m =0
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Figure A.11. Tooth profile with addendum modification x*m > 0

(Tooth thicker and stronger)

DATUM LIN
-
-
v
-+
=
REFERENCE CYLINDER

Figure A.12. Tooth profile with addendum modification x *m <0

(Tooth thinner and weaker)
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The addendum modification coefficient — x — is the amount of the addendum

modification divided by module.

The following characteristics of a generated tooth form are extremely significant
for its load carrying capacity:
AS.1. The profile angle « ; the relationship between the mean radius
of curvature of the tooth flanks and the contact load capacity.
AS52. The tooth root thickness; the relationship between the modulus
of section and the bending strength at the root of the tooth.
A.5.3. The fillet radius at the critical point for bending, as at this
point, the rapidly changing cross section result is high and
could be an excessive stress concentration factor.
ASA4. The crest width; excessive shear stress at the tip is unwanted in

surface hardened gears.

Two tooth profile zones have to be distinguished:
- Involute zone; and
- Root fillet.
The fillet form is affected by the choice of the basic rack profile. The tooth depth
has to be increased slightly where the fillet form continues — a semicircular arc.
The tooth root thickness and the fillet radius improved with increasing bending

strength, while the bending strength was affected by addendum modification.

- 68 -

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



The process of generating rack profiles and the tooth form generated are shown in
Figure 13. The course of generating the tooth, the generating rack profile rolls to
the right on reference circle "d’ from the position shown and the gear, being cut
out, corresponds in a clockwise rotation, point R.” The line of action will be
reached at the lowest point R of the straight generating rack flank it becomes
engaged and cuts the bottom point R’ on the involute. This point at the beginning

of the involute profile has a radiusr, , .

The fillet begins at this point on the gear and is in the form of a trochoid.

n, LMNE of ACTION

g _—

of TROCHOID

Figure A.13. Tooth form generated by the generating rack profile

The trochoid fillet needs to be blended tangentially with the involute, the point R”
on the line of action, and must be positioned above point N, the point of
intersection between the line of action and the line drawn normal to it through the

center of the gear.
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If “R” is positioned below N, undercut will occur and the trochoid fillet no longer

blends tangentially with the involute (Figure A.14).

A.6.Cutter Interference Point

Cutter is the interference as results of its exit from the tooth space endpoint of the
straight flank of the generating rack profile generate trochoid fillet, which
intersects the involute. Part of the involute, as could be seen in Figure A.14, is cut

away with a large reduction of tooth usable profile.

TORCHOIDAL

Figure A.14. Generated tooth profile without adequate addendum modification,
cutter interference
The bending strength of the tooth is also reduced by trochoid concentration.

When undercutting occurs, an angle is formed at the junction between involute

tooth flank and the fillet, rather than a continuous curve.
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At the beginning of the cutter interference, R” and N match the involute, still
blending with the trochoid at the point of inflexion on the base circle see Figure
AlS.

On gears without addendum modification, the start of the cutter interference

depends on the pressure angle and the number of teeth.

1 |

5 & 3
Q&
& GENERATING PITCH LINE
7= Yy -
Q.
%\\\\ ‘ ! \ ‘\’ R"
/ R & | Q K
& : )
- GEAR I o \‘ ey
! : & \?

5 o l

¢ f
I
I
Figure A.15. Approximate determination of loss of involute due to cutter
interference, where:
1. Flank of generating cutter (rack) profile, for clarity shown without
fillet
2. Line of action
3. Involute flank of the gear

4. Loss of involute profile measured along line of action

5. Loss of involute profile measured radially at the gear tooth flank
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The minimum number of teeth z, without cutter interference with 4, =1*m and

full fillet root is given by the equation:

2
z = A8
¢ sinfa

Table A.2. List the minimum number of teeth vs. pressure angle

Pressure angle a 15° | 17°30' | 20° | 22°30' 25°
Minimum Number of g 299 22.1 17.1 13.7 11.2
teeth

The minimum addendum modification coefficient ‘x’ to avoid cutter interference

on spur gears is expressed by the equation:

min

X =1—§*sin2a A9
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B. GEOMETRY of MATING GEARS

The tooth form of mating gears could be involute, cycloidal, or connected with
special production processes. The second category includes gears with crossed,
non-intersection axes; e.g. worm gears, and hypoid bevel gears. The relationships
for mating of external spur (and helical) gears are considered and applied to
internal gears and pinions.

The following conditions apply only to gears with involute and with parallel axes:

B.1.Basic Conditions to be meet by mating gears
1* Condition

The ratio of the gear and pinion base diameters must be equal to the gear ratio:

u=-"r=-%2 B.10

Consequently,

dy, _dy Dy _ P,
£=i;ﬂ=_;:_l';pbrl = DPir B.11

z, 'z 7«
This means that transverse base pitches of mating gears must be equal.
2" Condition
The normal base pitches must be equal:
P = Pys B.12
Hence, the line of contact, and the base of helix angles of gear and pinion must be
equal:

ﬂbl = ﬂn B.13
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3" Condition
For a smooth transition of tooth contact from one pair of teeth to another, there
must be at least one theoretical point of contact in the zone of action. Because of
strength considerations, there is an auxiliary requirement in case of mating helical
gears that all points of contact along the minimum required path of teeth contact
should be corresponding to, along the contact line over face.

The following condition must apply:

length of path of contact g, 1

Transverse contact ratio €, = B.14

transverse base pitch p,,

b*tan,B21
Dy,

Overlap ratio ¢, = B.15

According to the manufacturer’s recommendation, gear and transverse contact

ratio should be greater than 1.

4™ Condition
The sum of the theoretical transverse tooth thickness of gear and pinion must be
equal to the transverse working pitch:

2*q

z +22

B.16

’ [ A
Si +st2 —pt =7T*
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5" Condition
The pinion and gear must provide an adequate bottom clearance beyond the tip

circle of mating gear to avoid interference:

d,+d,,+2%c=2%a B.17
dy,+d, +2%c=2*a B.18
where: a = centre distance ,

¢ = bottom clearance

B.2 Principles of Addendum Modification

If the sum of the addendum modification coefficients x, +x, # 0, then the center
distance does not equal the sum of the reference radii.

The working pressure angle ¢, see Figure B 16, at that time differs from the
generating pressure angle ¢, . The amount by which the centre distance deviates
from the sum of the reference circle diameter is known as the centre distance
modification y*m and the working pressure angle ¢’ is given by the following

equations:

y*mza——d‘—tiz— or B.19
2
y*m:d‘+d2 *(cosa, _IJ B.20
2 cosa,
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For mating external spur and helical gears, the center distance modification is

always smaller then the sum of addendum modification.

%_ a
|
|

P

Figure B.16. Mating gears with center distance modification y *m

Addendum shortening of &k *m is necessary to maintain the basic rack profile

bottom clearance ¢ .

k*m=(21+22)*m invae/ —inve, 1 [ cosq, -1 B.21
2 tana cos f\ cosa,

The geometrical relationship of involute teeth by choosing relatively large
addendum modifications with addendum shortening needs to be large enough to
avoid excessively pointed teeth. This has resulted in a tooth form with high
bending strength.

See Figures A10, Al1 and A12.
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B.3. Basic equations for mating gears with addendum modifications
The following basic data for each of the mating gears is important;

- Pressure angle

- Module m
- Number of pinion teeth z
- Number of gear teeth zZ,

- Addendum of basic rack profile perunit m=1 4’
- Dedendum of basic rack profile per unit m=1  h,*
- Helix angle b
In the case of involute gears, with a choice of the center, distance @ could be

different than the reference center distance expressed by following equation:

B.22

Two of the following three variables must always specify to correct the tooth
geometry:

- Addendum modification coefficient of pinion x,

- Addendum modification coefficient of gear  x,

- Center distance (x, +x,) a

Unrestrained choice of the center distance a, with the above dimensional criteria
for the sum of the addendum modification coefficient is possible with a very close

graduated series of modules.
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B.3.1 Mating spur and helical external gears and pinions

The three following cases are used in gear industries:

Case A

Determination of gear addendum, modification coefficient x, , for known

pinion addendum modification coefficient x, , and the center distancea :

+d
cosg, =42 B.23
2*a
zZ, + inve, —invae
(x,+x,) =212, 0% TIVE - gog
tan
x, =(x,+x,)—x B.25

Case B
Determination of center distance a, for given pinion and gear addendum

modification coefficient x, , and x, :

2*tana *(x, +x,)

inva, =inve, + B.26
z,+2z,
a=ntdy B.27
2*cosa/
-78 -
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Case C

Determination of the pinion addendum modification coefficient x, ,

for known the gear addendum modification coefficient x, and the center

distancea:
cosq,’ = ”‘21 iy B.28
a
(x, +x,) = z+2, inva, —inve, B.29
tan
x=(x+x,)~-x, B.30
The appropriate diameters can be calculated for:
Pinion:
Pinion (pitch) reference diameter d = hrm B.31
cos f
Theoretical pinion root diameter d,,, =d —2*m(h,* —x B.32
Fltho 1 P 1
Pinion tip diameter d,=d +2*m(h," +x)-2*k*m B.33
Gear
Gear (pitch) reference diameter d,= LM B.34
cos f3

Theoretical gear root diameter diyp =d, ~2*¥m(hy" —x,) B.35

Gear tip diameter d,=d,+2%m(h," +x,)-2*k*m B.36
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For verification and cross check the following equation held:

c=c, =m(h, —h,") B.37
c=a—-0.5(d,,, +d,,) B.38
c=a-0.5(d,,,, +d,) B.39

B.3.2. Mating spur and helical internal gears and pinions

In generally, gear addendum modification coefficient x, has to be determined for

known pinion addendum modification coefficient x, and center distancea :

cosa, = G~y B.40
2*q
(r,—x)= L+z inva, —inve, B.41
2 tane,
x, =(x, —x)+x B.42
Where diameters of:
Pinion reference diameter d = LI B.43
cos f

Theoretical pinion root diameter d,,, =d, ~2*m(h,* —x,) B.44
Pinion tip circle diameter  d,, =d, +2*m(h,* +x,) B.45

. Z,*m
Gear reference diameter d, = B.46

cos 3
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The exact calculation of the theoretical gear root circle diameter require of

knowledge of the number of cutter teeth z,, with cutter addendum coefficient x,,

and the theoretical gear root diameter these parameters can be calculated as:

d,—d *
e =220 20T D k(e — x,) B.47
cosa, cosp

Then, the theoretical gear root diameter can be calculated with approximation

from:
d;,~d,+2%m(h," +x,) B.48
Gear tip diameter could be calculated from:

d,=d,-2%m(h," —x,) B.49

The addendum shortening for internal gear and pinion can be obtained:

k*mz(ZZ_Zl)*m inve, —inve, 1 | cosq, -1 B.50
2 tana cos Bl cose/

When the addendum shortening value is negative as tooth depth is increased.

B.4.Interference on spur external gears

Interference caused by contact with non-involute parts of the tooth flank of the
mating gear results in severe shock during rotation of pinion and gear

transmission.
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B.4.1. Interference at roots for mating external gears
The path of contact at the tip of the gear tooth (see Figure B.17) makes contact

within the involute part of the pinion tooth dedendum. The involute profile

generated on the pinion must start at radius 7,,, (point A), which is smaller than
the actual radius 7, at which the path of contact ends. Related distances are g,

and g, .(see Figure B17)

Figure B.17. Distance g,,' along the line of action defined by geometry mating

gears
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C. NOTATION, SYMBOLS and ABBREVIATIONS,
on base of AGMA 6123-A88.

SYMBOL UNITS  DESCRIPTION

A -- Arrangements constant
b mm Face width, Total
b' mm Face width, Engaged
C mm Center distance
C, -- Application Factor for Pitting Resistance
C, -- Life Factor for Pitting Resistance
c mm Clearance
D mm Diameter
d mm Diameter at Half Working Depth
d' mm Operating Pitch Diameter of Gear
e -- Pump efficiency
Iy radians  Misalignment Angle
H, -- Hardness, Rockwell C
j - Bearing Power Loss Coefficient
K -- Load Intensity
K, -- Application Factor for Bending Strength
K, - Life Factor for Bending Strength
-83-
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AGMA 6123-A88

SYMBOL UNITS DESCRIPTION

K, - Load Distribution Factor
L mm Bearing Length
L, - Load Share per Planet
M -- Mechanical Advantage Factor
m, - Normal Module
n rpm Shaft Speed
n' rpm Relative rpm of Member for which Torque is Specified
n, rpm Input Shaft
Ny rpm Input Speed, Ring Gear
B pm Input Speed, Sun Gear
n, pm Output Speed
p kW Power
P, kW Application Power of Enclosed Drive
P, kW Hydrodynamic Bearing Power Loss
P, kW Rolling Bearing Power Loss
p, kW Thrust bearing Power Loss
P, kW Mesh Power Loss
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AGMA 6123-A88

SYMBOL UNITS  DESCRIPTION

P, kW Minimum Component Power
P, - Lowest Common Denominator of Ratio Fraction
P -- Lowest Common Numerator of Ratio Fraction
P kW Seal Power Loss
P kW Windage Power Loss
p kPa Operating Lube Pressure
Q L/min Oil Flow
e mm Ring Gear Inside Radius
s mm Planet Outside Radius
Tos mm Inside Radius
r, mm Inside Radius of Thrust Bearing
v, mm Outside Radius of Thrust Bearing
' mm Planet Operating Pitch Radius
e mm Ring Gear Operating Pitch Radius
rg' mm Sun Operating Pitch Radius
Se -- Service Factor
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AGMA 6123-A88

SYMBOL UNITS DESCRIPTION

T, N*m Torque per Mesh on Planet Gear

T, N*m Torque per Mesh on Sun Gear

t mm Oil Film Thickness

v m/s Pitch Line Velocity

Vi m/s Specific Sliding Velocity at Ring Gear Tip

Vp m/s Specific Sliding Velocity at Planet Tip

V.o m/s Specific Sliding Velocity at Sun Tip

w kPa Load per Unit Area

x - Numerical Remainder

y -- Number of Planet Groups with Different Meshing Conditions

y7; MPa*s Outlet oil Viscosity (Absolute, millipascal second)

Zep - Number of Planets

Zgp - Number of Planets in a Group

Zp - Number of Teeth in Planet Gear

Zpp - Number of Teeth in Planet Meshing with Ring Gear

Zpg - Number of Teeth in Planet Meshing with Sun Gear
- 86 -
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AGMA 6123-A88

SYMBOL UNITS DESCRIPTION

Z, - Number of Teeth in Ring Gear
Z -- Number of Teeth in Sun Gear
a' -- Operating Transverse Pressure Angle
a' -- Operating Normal Pressure Angle
g’ - Helix Angle at Operating Pitch Diameter
Y7 -- Coefficient of Friction
Yo, - Radius of Curvature
Subscripts
1 first number in gear train
2 second number in a gear train

... etc. for any additional members
e  external mesh feature

i  internal mesh feature, ring tip
1 for light weight oil

m for medium weight oil

o outside feature

P  feature of a planet gear

R  feature of a ring gear

S feature of a sun gear
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D. NOTATION, SYMBOLS and ABBREVIATIONS,

SYMBOL UNITS

a mm
a4 mm
b mm
c mm
Cp mm
d(r) mm
a\(r" mm
d(r)  mm
d,(r,) mm

d.(r;) mm

d,(r)  mm
ee, mm
e, mm
&, mm
& min
h mm
h mm

on base ISO 6336-1, 1996.

DESCRIPTION

Center distance

Reference circle centre distance

Face width

Bottom clearance

Bottom clearance of basic rack profile

Reference circle diameter (radius)
Working pitch circle diameter (radius)
Tip diameter (radius)

Base diameter (radius)

Root diameter (radius)

Virtual reference diameter (radius)
Space width (normal)

Transverse space width

Length of path of addendum contact

Length of path of contact
Tooth depth
Addendum
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ISO 6336-1, 1996

SYMBOL UNITS DESCRIPTION

h, mm Chordal height of tooth
h, mm Addendum of basic rack profile
h, mm Dedendum
hp mm Dedendum of basic rack profile
h, mm Tooth depth of basic rack profile
inv rad Involute function
JsJ, mm Backlash, normal backlash
ALY, mm Backlash allowance, normal backlash allowance
J, mm Radial backlash
J, mm Circumferential backlash
k - Addendum shortening coefficient
k -- Number of teeth spanned for base tangent length
k, - Contact parameter at gear tooth tip
k,; - Contact parameter at rack tooth tip
k; - Contact parameter at pinion tooth tip
ki, - Contact parameter at pinion tooth tip in rack and pinion drive
) mm Length along profile, general
-89 -
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SYMBOL UNITS

S, S,

a?*%“an

at

Sy

s, S

n

mm

ISO 6336-1, 1996

DESCRIPTION

Length of profile on addendum flank
Length of profile on dedendum flank
Active length of profile

Module, (normal)

Transverse module

Pitch (normal)

Base pitch (normal)

Transverse base pitch

Transverse pitch

Radius general

Tooth thickness (normal)
Tooth crest width (normal)
Transverse tooth crest thickness

Base tooth thickness (normal)
Transverse base tooth thickness

Chordal tooth thickness (normal)

Gear ratio
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SYMBOL UNITS
v m/sec
v m/sec

v, m/sec
Y m/sec
v m/sec

v m/sec

ISO 6336-1, 1996

DESCRIPTION

Velocity, general

Pitch line velocity

Velocity at base circle

Sliding velocity

Rolling velocity

Tangential velocity, normal to line of action
Addendum modification coefficient

Addendum modification coefficient include backlash allowance
Centre distance modification coefficient

Number of teeth

Minimum number of teeth to avoid cutter interference
Virtual number of teeth

Gear tooth tip

Actual base tangent length
Lowest point of single pair contact
Pitch point

Highest point of single pair contact
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SYMBOL UNITS

)

2)

ISO 6336-1, 1996

DESCRIPTION

Diameter of ball used for measurements

Point of tangency of line of action with base circle

Centre of gear

On spur and helical gear external and internal gears, ‘x’ is positive, if the profile

datum line is displaced in the direction away from the centre of the gear

The number of teeth ‘z” is always positive on both external and internal spur and

helical gears

deg
deg
deg
deg
deg

deg

Point, point on involute, general

Normal diametral pitch

Depth of undercut on basic rack profile

Base tangent length measured over ‘k’ teeth

Profile angle, pressure angle, normal pressure angle
Transverse profile angle at tooth tip

Profile angle of undercut flank

Transverse generating pressure angle

Transverse pressure angle at ball centre radius

Transverse pressure angle

9.
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SYMBOL UNITS

’
t

(24

I
By

FA L

deg
deg
deg

deg

rad

rad

ISO 6336-1, 1996

DESCRIPTION

Working transverse pressure angle
Helix angle on reference cylinder
Base helix angle

Helix angle on pitch cylinder
Specific sliding

Reference cylinder lead angle
Base lead angle

Addendum contact ratio
Transverse contact ratio

Overlap ratio

Total contact ratio

Gear efficiency

Coefficient of friction

Fillet radius of basic rack profile
Roll angle, polar angle involute
Angular parameter, general

backlash normal backlash
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ISO 6336-1, 1996

Suffix

inv Involute, point on involute
max  Maximum

min  Minimum

troch Trochoid, point on trochoid
theo  Theoretical

Any point on involute

Gear tooth tip

Pinion tooth tip

Basic rack profile

Tool

=0 0N oA

Pinion, smaller gear in gear pair

o

Gear, larger gear in a gear pair
' Relating to working conditions
Factor for expressing dimensions as a multiple or submultiples of the

normal module; e.g. h, =h, *xm
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Appendix E; FORMULAS RELATING to INDIVIDUAL GEARS

Table E1. Formulas related to individual gears

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

Equation Eq.
Number
Normal pitch (on reference cylinder) p=nxm (1)
_ m
Transverse module T cos B )
Transverse pitch p.=mxm, €)]
d= ZXm —zxm

Reference diameter, (pitch diameter) “cosp ! 4

(5a) (5b) (5¢) (5a)

Transverse tana, = tana sing, = sina cosa, = Sosaxcosy. A (5b)

pressure " cos B " cosf, " cosp, (5¢)
angle

Base pitch D, = TXMXCOS )

cosa
. pb, =aTXmx

Transverse base pitch cos S, @)

(8a) (8b) (8a)

Base helix angle sin B, =sin Bxcosa tan B, =tan Bxcosq  (8b)

d, =zxmx cos (92)

Base diameter o cosf, | d=dxcosq, (5b)
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Table E1. Formulas relating to individual gears - continued

Eq.
Equation Number
Transverse profile angle at tooth tip cosa. — d, (10)
a da
Virtual number of teeth P A— )
" cos® B,-cos B

Involute function inva = tan @ - a(rad) (12)
Angle in radians a(rad):%xa" (13)

(14a) (14b) (14¢) (14a)

. =bxtan,3,, __bxsin g, bxsin 8 14b
Overlap ratio el T g El4c§
Normal tooth thickness on reference cylinder s = m(f +2x xxtan aj (15)
! 2
Transverse tooth thickness on reference 5, =—2 (f +2x xxtan a) (16)
cylinder cos S\ 2
Normal base tooth thickness 5, = Zxmx cosa( 5y inva,) 17
zZxm
Transverse tooth crest width S, = da( > inva, - invaa) (18)
oXm

Base tangent length
W, = m[(k—O.S)ﬂ'xcosa + zxinva, xcosa+2xxxsina] (19)
Actual base tangent length AW, =W, -4, (20)
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Table E2. Formulas relating to external spur and helical gear pairs

Equation Eq. number
Bott 1 f basi -
ottom clearance of basic rack profile c,= m( h,*-h, *) @1

Root diameter d =d-2xm ( hy*- x) (22)
Tip diameter d,,=2xa-d,,-2xc, (23)
Gear ratio u=22 (24)

Zl
Working pitch diameter, pinion d'= 2xa (25)

You+l
Working pitch diameter, gear d.'= 2xuxa (26)
g u+l

Transverse working pressure angle cos ‘= dy, +dy 27

at 2 xXa
Sum of addendum modification x4y = ATE inva, —imva, | (og)
coefficient b tana

= —db—‘(tan a, —tana,')
Length of path addendum contact of Ear = 7 al at (29)
pinion

= &(tan a,,—tana,')
Length of path addendum contact of 8a2 = 2 a2 Far 30)
gear
Length of path of contact 2. =8.+8%., (31a)

or (31b)
&= \/ra12 —1y +\/ra22 —1,,’ _\/az (raZ _rbzz)
-97 -
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Table E2. Formulas relating to external spur and helical gear pairs

Active length of profile below tooth tip g (32)
l,=g,|tan, —==
b
Addendum contact ratio of pinion ' , 33)
g = (tana,, —tane, )
X T
Addendum contact ratio of
I: gear g, = z, (tan o, —tang, ,) (34
22X
Transverse contact ratio £ =g+ or £ = Ea (34)
" Dy
Total contact ratio §,=8,+&, (35)
_d
Helix angle on pitch cylinder tan "= i tan § (36)
_ Jn
Circumferential backlash S = cosa, 'xcos f3, 37N
= jn
Radial backlash Jr = Ixsing, 'xcos (38)
Sum of base tangent lengths
(39)
W +W,, =(z,+2,)x mxcosa(inva, A J+(kl +k, —2)x p,
Z,+2,
o P +1 - tan g '
Contact parameter of pinion E » anc 40)
al
Contact parameter of gear k=u+if1-2% 41
p g 4 o (4D
a2
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Appendix F, TOOTH THCIKNESS and MEASUREMENTS

Determination of base tooth thickness, tools, and measurements ford,, S, and s,

This is an indirect measure of the tooth thickness.

General definition of the base tangent line:
The distance between two parallel planes tangential to two opposite tooth
flanks, e.g. left and right tooth flank. The property of the : involute, the
points of intersection of tangent to the base circle with a right and left
hand involute flank. That makes the use of the property of involute; points
of intersection of tangent to the base circle with both (right/left) involute

flanks are equidistance to the position of the tangent. (see Figure F1)

RIGHT FLANK

X
z
3
i
-
[
w
)

Figure F1. Equidistant base thickness involute tooth
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In case of the opposed involutes forming a tooth, this constant distance is

transverse base tooth thickness s, and is equal to the length of arc between
origins of involutes on the base circle. (Figure F1).

The parallel planes tangential to the tooth flanks, (left and right) are at angle £,
to the axis of the gear and the distance between them iss, . Practically the
measurement is over tooth flanks spanning a number of teeth & instead of the
single tooth.

Note: The number of & depends on the tooth geometry:
- pressure angle;
- number of teeth; and

- addendum modification coefficient.

W5 '
Py Py _,StL Py

Figure F2. Base tangent length W, on a spur gear
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The tooth thickness measured along the arc of the base cylinder on spur or helical gears,

could be calculated as follow:

s”=m*(32’-+2*x*tana) F1.

The tooth base thickness measured along the arc of the base cylinder is expressed by

equations:
s, .
For spur gears s, =z*m*cosa +inva F2
z*n
. S, .
For helical gears s, =z*m=* cosa( o+ mva,j F3.
Z*n

The theoretical base tangent length - without taking into account any tolerances - for

gears without backlash is:
For spur gears W,=s,+(k-1)*p, F4,

For helical gears W, =s,,+(k-1)*p, Fs.

Combined formula for base tangent length W, as follows:

Wk=m[(k—0.5)7r*cosa+z*inva,*cosa+2*x*sina] Fé6.
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The number teeth £ it calculates from following equations:

k= __SX___WI_. +1 F7
TEXmM*Ccosqa
Value of £ must be rounded to the nearest whole number
Where:
s < drtna, Fs.
cos B,
cosa, = 4 F9.
d —2xm

T . .
Wl=m(z*cosaﬂnva,*cosa*z*z*x*sma) F10

Note, all the above equations apply to external spur and helical gears and also to the tooth

space profile of internal spur and helical gears.
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Appendix G; CALCULATIONS

Nomenclature as per AGMA 1012-F90 and 6123-A38

BASE GEOMETRY of SUN GEAR z, = 17

-1
Given %1 = 17 p = 241!’1
. . 31
Pitch diameter; Dy=— Dgy = 17992 mm
P
Number of teeth; Zgy = Dgyp zyy = 17
Circular tooth thk.; t = 21 tgy = 1.662mm
P
Clearance min, basic; c= — + 0.051-mm c=0263mm
P
. . 2200
Whole depth, min (basic); hy = —— + 0.051-mm hy = 23793 mm
P
Pressure angle; b =25 deg
Addendum, basic; a= 1000 a=1053mm
P
. . 1.00
Dedendum, min(basic); b=—— +0051-mm b=1.109mm
P
Working depth; hy = 200 by = 2117 mm
p
Outside diameter: Dgost =Dgp +2:2 D, = 201083 mm

Root diameter;

Basic circle diameter;

DRs1 = Dgs1 — 21y

Dbsl = DSI'COS(¢)

DRt = 15350 mm

. . xDgy
Circular pitch; p1 = py = 3325mm
31
Base pitch Pps] = pl-cos(’) Ppsy = 3013mm
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£TM Planet geometry

Nomenclature as per AGMA 1012-F90 and 6123-A88

BASE GEOMETRY of PLANET GEAR z, = 19

Given zp, =19 p=24in !
. . ] ; I
Pitch diameter; Dy = —
P
Number of teeth; 1 =Dp1'p
Circular tooth thk.; th = =
2-p
Clearance min, basic; c=— + 0.051 - mm
P
¥Whole depth, min (basic); by = 2200 + 0.051-mm
p
Pressure angle;
Addendum, basic; 8= 1.000
P
. _— 1.00
Dedendum, min(basic); b=— +0051-mm
P
Working depth; Iy = 2—&@
P
Outside diameter, Dopy =Dp) + 22

Root diameter;

Basic circle diameter;

Circular pitch;

Base pitch

Dﬂ)l = Dopl - 2h‘_

Dugt = Dy cos{#)

ﬂ'Dpl
P11 =
o
Pos1 = pl-cos(¢)
104 -

D,; = 20.108 rum
zpl =19

tp1 = 1.662mm

¢ =0.263 mm

hy = 2.3793 mm
$=25-deg
a=1.058 mm
b=1.109mm

by =2.117 mm
Dep1 = 22.225mm
Dgpy = 17.466 mm

Dyp1 = 18.2243 mum

p1=3.325mm

Pus1 = 3.013 mm
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CTM Ring geometry

Nomenclature as per AGMA 1012-F90 and 6123-A88
BASE GEOMETRY of RING GEAR z = 55

Given 2g = 55

Pitch diameter,

Number of teeth;

Circular tooth thk.;

Clearance min, basic;

Whole depth, min (basic);

Pressure angle;
Addendum, basic;
Dedendum, min(basic);
Working depth;

Inside diameter,

Root diameter;

Basic circle diameter;

Circular pitch;

Base pitch

Reproduced with permission of the copyright owner

p=2hin |
7
DR = —E
zp = Dp'p
=
"
= 0.2000 + 0.051- mm
P
h = 2200 + 0.051 - mm
P
1.000
a=
P
b= 1@ +0.051 - mm
P
2.000
By= =
P
Dr=Dgr-2a
Dpp =D,g + 2h¢_

Dyg = DR-cos(q:)

‘JI'DR_
n=
ZrR
Pos = py-cos($)
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Dg = 58.208 mm

zp = 55

tp =1.662 mm

¢ =0.263 mm

hy =2.3793 mm

¢ =25-deg
a=1.058 mm
b=1.109 mm

by =2117 mm
D,r = 56.0917 mm
Dpp = 60.850 mm

Dyg = 52.7547 rom

P1=3.35mm

prs = 3.013mm
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CTM - Sun gear and planet N, = 17 & N, = 13, Contact Ratio

Given p=24in |

1. Number of teeth;

2. Pitch diameter,
3. Addendum, {(basic);

4. Outside diameter,[2/(2x3)]

5. Pressure angle, transverse;

6. Base diameter, cos(5)x(2)
7. Gear ratio
8. Inverse ratio 1.0/7

9. Arccos [b/4]

10. O.D. roll, tan B)x rad

11. P.D. roll tan B)x rad

12. Addendum roll, [10 - 11]

=17 z=19 R =55
% =17 m = 10583
z
D, = — D; = 17992mm
p
1.00
8 = —— 8 = 1.058 mm
»
Dos = Dg + 2-84 Dy = 20.108 mam
4= 25-deg
Dy = cos{$)-D, Dy = 16306 mm
r:=_z£ r=1.11765
%
1
Ty = — tiy = 0895
t
Ar, = acos(gb:) Ar, = 0625
Do

OD, = tan( Ax}-57.29578

PD = tan($)-(57.2957%)

Ay, =0D, - PD

13. Sun gear roll [12s + (12px7)] A, = Ay, + (Agp1)

14. Gear Roll {12p+(12sx8))

15. L.D. Roll sun [10-13]

16. LD. Roll plant. [10-14)

Ay = Ay + (At

Lds = OD; - &,

L4y = 0D, - 4,

OD, = 41346

PD =26717

Ay, = 14629

A, = 29467

Ay = 26365

Ldy = 11879

Ld, = 13628

- 106 -

=19

D, = ] D, = 20.108 mm

P
8= ﬂﬂ- 8 = 1.058 mm

P
Do =Dy + 2:9, Dy = 0022m
Dy = cos(¢)-D, Dy = 18.2243mm
A, = acos(gzj A, = 0609

D"P

OD,, = tan{ Ag,)-57.29578 OD, = 39.994

Agy = 0D, - PD Ay = 13276
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17

18.

18.

21

22.

23.

24,

25,

26.

27.

28.

Arctan|15frad)

L.D. sun [B/cos(17)]

Arctan[16/rad)]

. L.D. plant [6/cos(19)]

Circular pitch 7 x (2/1)

Extra involute, [0.016x21}

Form Diameter sun [18 - 22]

Arccos sun [6 /23]

F.D. Roll sun = tan(24)x rad

Form Dia. planet, [20 - 22}

Arccos planet [6/26]

F.D. Roll planet = tan(27)x rad

. Roll per tooth, [360 / (1]

. Contact ratie S/P [13 / 29]

— Dbs _
© cos{Aggs)
__ Ld,

Aeg = ml(57295?8)

__ Dw
Lo cos(A@‘)
Cp,=x =
Lx = 000016-Cp,
Fdy=Lds - Iy

Aoss = acos(%)

Fdy = tan(Ags)-57.29578

Fp = Ldp - Iy

Acop = acos[%)

Fdy, = tan( Aog)-57.29578

Rye = e Ry, = 21.176
Z
A,
Egp = Es' Bgp = 1392
- 107 -

Aggs = 0204

Ld, = 16653 mm

Ay = 0234

Ldp = 18733 mm

Cps=3325mm Cp, ==

i
Zp

Cpp = 3325 mm

ly= 0001 mm Lo, = 000016Cpp Loy = 0001 rum

Fd, = 16652 mm

Acoss = 0.204

Fdy, = 11.870

Fdy = 18732mm

Aomy = 0.233

Fdy, = 13621

Ryp =

360
%

Rup = 18947
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CTM - Gear Ring and planet N, =55 & N, = 13, Contact Ratio

Given p=24in" ! z=17 =19 zp:=55
1. Number of teeth; zZg = 55 m = 1.0583333
. . . R
2. Pitch diameter; Dg=— Dg = 58208 mm
P
.y 1.00
3. Addendum, (basic); 8= — & = 1.058 mm
P
4. Outside diameter;[2/(233)] D,p=Dp+ 24 D,g = 60325 mm
5. Pressure angle, transverse; ¢ = 25-deg
6. Base diameter, cos(G)x(2)  Dyp = cos{¢)-Dp Dyr = 52.755mm
7. Gear ratio t= 3 t = 034545
R
8. Inverse ratio 1.0/7 Tome = L Tone = 2.89474
b4
9. Arccos [6/4] Arg = acos[?) Arg = 050638
oR

10. O.D. roll, tan 8)x rad

11. P.D. roll tan B)x rad

12. Addendum roll, {10 - 11]

13. Ring gear roll [12s + (12px7)}

14. Ring Gear Roll [12p+(12sx8)]

15. LD. Roll Ring [10-13]

16. L.D. Rall plant. [10-14)

OD, = tan( Atg)-57.29578

PD = tan($)-(57.29578)

Ay = 0D, - PD
A= A+ (A1)
Ay = bop + (At
Lig = OD; - 4,

Lg, = OD, - 4

- 108 -

R =55

&
B |t

-
i
=[5

Dep =Dp + 28,

Dy = cos(¢]-DP

= acos i‘-b-g'
el

Dy = 20.108 ram

8 = 1.058 mm

Dop = 22225 mm

Dbp = 18224 mm

Az, = 0.6094

OD, = 317769 ODj = tan(As,)-5729578 OD, = 39.99378

PD = 26.71746

Ay = 5059

A, = 96458

Ay=27922

Ldy, = 22131

Ld, = 12072

Agp = ODy - PD
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17.

18.

18.

21

22.

23.

24,

2.

27

Arctan{15/rad}

L.D. Ring Ring [B/cos(17)]

Arctan{16/rad]

. L.D. plant [6/cos(19)]

Circular pitch 7 x 2/1)

Extra involute, [0.016x21]

Form Diameter Ring [18 - 22]

Arccos Ring [6 /23]

F.D. Roll Ring = tan(24)x rad

. Form Dia. planet, [20 - 22)

. Arccos planet [6/26]

. F.D. Roll planet = tan(27)x rad

. Rolt per tooth, [360 / (1)}

. Contact ratiov S/P [13 / 28}

Ld,
fes = mm( 5729578)

L= R __
cos(A‘g_)

i L
beg = m(sums)
.
L cos(_A.@_]

CpR = 1:-E
R

I = 0.00016-CpR

Fdg =Ldg - Ix

Ao = acos(r%:J

Fdg = tan( Ao.g )-57.29578
Fd, = Ldp ~ Lo

- Dy
Acoep = acos(;;—)

Fdy, = tan( A, |-57.29578

Ry = Ry = 6545

# |8

e

- 109 -

Aw=ﬂ_369

Ldg = 0053 mm

A ggp = 020765

Ld, = 18624mm

CpR =3325mm Cpy = x-

& |

Cpp=3325m

lx=0001mm Il :=000016Cpy Il =000l mm

Fdp = 56553 mm

Fdgp = 56553 mm

Acosg = 0369

Fdg = 22129

Fd, = 13624mm Fd, = 18624 mm

Acoep = 0.208

Fep = 120636

360
ZP

Ry = Ry, = 18947

egp = 1.47366 egp = 1.474

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



CRITICAL SPEEDS by HOLZER METHOD

The torsional-frequency curve and establishes the first lateral critical
speed by applying the Holzer method for sun gears input from 1 103 .

STAGE 1 STAGE 2 STAGE 3
K4 K, Ks
@4 W, M3

J1:15.0 J2=20.0 J3=30.O
Number of stages along the planetary gear set: stage = 3
Rotational axis in case of planetary gears are fixed; fixed =0
Stiffness and moment: a:= iffived = 1, stage,(stage ~ 1)] n=1.a j=1.. stage
Boundry conditions: k:=0.. points i=1.(stage~ 2

Wmu - Wm .2

Freguency. O = W + k'_;?.ms— = (ok)

Material properties and sun gears stiffnesses:

Frequency range and number Stiffnesses of subsections Moments of inertia of
of paints to be plotted: of the torsional system: sun gears:
Kj = ] =
points = 400 n
6 mm
i-10 - gm- — 2
Wpax = 135.@. e rad 85-gm-mm-sec
sec
2,106_@,£“ 115-gn-m-sec2
rad rad 2
Wiy = 165 — r 185- gm-mm: sec
sec 3-10°- gm =
rad
Pk 1
Boundary conditions: o1k |= 1
Tmll k —lk.Jl
-110 -
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Torque equations:

i+l
Trg.
P k Oix + ql.k
Oirl k |= Py, k!
Trq,i qui
+1,k ‘ . K
T = Al (g, | GikH 1
| ) Pixt

Tr% ctoge-1) k

stage

O stage,k = O(stage-1) ,k +
null := 0-gm-mm

thstage,k = if[ﬁxed = I’qu(stage—l) k- 1k'1a‘9stage,k-nu-n]
Cubic spline interpolation:
ﬁ'eqk =k

_thstage Jk

107 1b-in

'l'rqlk = if} fixed = 0,05tg0e k.,

derivative = cspline(freq, Trql)

Torsional_cmvek = intezp( derivative ,freq, Trql ,o)k}

aux, = 0
d = 0. (points - 1)
Trq2 q = Teql arl

awxy o= if[(Trqld-Trq2d) < O,if[(auxd= 0),(d+ l),auxd],awd]

ndex = aux_ .
poinis

Linear interpolation and calculate first natural frequency:
159 ey
~ Trgl

Opatl = Oindex-1 + {®index—1 — Oindex)

Tral ey ~ T8 o1

The critical speeds of the system correspond to those frequencies which result zero in the
torsional-frequency cutve.
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TORSIONAL FREQUENCY COURVE

2
1.5
5 \ rad
Z 05 LN 10464 —
= \ sec
g 0 \\
05 \\
S ———]
165 22 62.77 9333 12388 15444 185
w (radfsec)
— Torsional curve
— Zero line - neutral
The first natural frequency of the system in this frequency range is: ©patl = 104_543‘3
sec
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CTM -Torsional and bending deformation last sun gear

Given

Zp = 19 Dy = 98.7rpm

Fd:= 166mm L =284mm

¢ = 25-deg g = 4.2353
3

Ng=0985 C:=1905-mm

S

3

z, =17 Tin = 150N-m

p=24in 1

rpx'n:=xm'n~l

pm = 1110~ 6-m
d, = 001-mm

T, =ign, T,

'1'0 =108 x 10O N-m  or 1um=1/1000mm

Modulus of elasticity for VascoMax

C-350 MPa

Poisson ratio

Gear ratio

Pitch diameter of sun gear

Pitch diameter of planet gear

Pitch line velocity

Tangential force on pitch circle

Specific tooth load on pitch circle

For hollow gears required
to use of coefficient

Width/pitch diameter ratio &

Bearing distance ratio ¢

Moddulus of rigidity

E = 2670MPa
v=03
u= 02895
o= 2
u+1
2-uC
d2 B u+l
d1-x-n°m
Vl :
60-1000
Tq
Wy = 2000-—
9
Wiz
W= —
L
1
g=
(o
d
L
x=—
4
— Fd
n: L
_ E
2-(1 + v)
-113 -
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G = 1026 9MPa
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Bending effect f, over inter length | ; 1= 0.0-mm, .05 mm.. 30-mm

2
7
W-Z(Ilﬂ-(n - E)-t4 -;—' -1
£,(D = : {1-| =—
b cos(¢)-Ex L
2
iy BENDING
210
110°
0
Z
e -6
g -1-10
&
a
2 -6
5 -2-10
&
@
-340°° \
—6
-4-10 \ /l
-510°°
0 5 10 15 p.i} 25
FACE WIDTH OF THIRD SUN GEAR
Maximum bending deformation @ 8.0 mm fy =-6263x 10 spm
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Tarsional effect {; 5

; 2
w-cos($)-1000-¢ L-1 2
= A | 4 -} -} — .
&0 Gx ( L ) L c
2
TORSION

0.009

0.0073

0.0057 A

0.004 \

TORSIONAL DEFORMATION

0.0023 \

6.666667 10 * F\
D S—

-0.001
0 5 10 15 20 25

WIDTH OF THIRD SUN GEAR

Maximum Torsional deformation @ 0.0 mm f£=113x10 4um
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COMBINE DEFORMATION (BENDING & TORSION)

o
\

N

\
N\

AN

AN
N

TOTAL DEFORMATION, BENDING & TORSION in [rum]

T~

0 5 10 15 20 25

LENGTH of THIRD SUN GEAR

Deflection and torsional affect at maximum width of 3'¢ sun gear F;
4 ey = 0.114mm

0.2000
P

Maximum allow clearance c= + 0.051-mm ¢ =0263mm
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CTM - STAGE ANALYSIS

Preliminary consideration

Outside diameter maximum D, =70mm
Torque input minimum Tin=15.0 Nm
Input shaft speed in = 7900 r/min
Cutput shaft speed minimum Ngyt = 100 rimin
Efficiency spur gears g =0.985 ng:=0.985
Coefficient of friction - needle bearings, (SKF data) &, =0.9995 Yy = 0.9995
Coefficient of friction - ball bearings, (SKF data) &, = 0.9999 - 0.9999
Frictional moment of needle bearings M, = Nm M=
Frictional moment of ball bearings M, = Nm
p=24in !
pm = min

Input data
Torque generating from air motor Tin = 15Nm Tin=15-N-m
Input shaft speed ' n,, = 7500r/min 13 = 7500tpm
Number of teeth of gear ring Zg =55 =55 zg =17
Number of teeth of sun gear z.=17
Number of teeth of planet zp=19 zs=17 ;=19
Number of planets Zop=2 =18 z5=17

Zep=3 zpy=19
ASSEMBLY REQUIREMENTS

+
1.Assembly; ~ RT_
Zcp
i +z +z +z
Resultant must be integer Rt I 24 Rtz 24 R+ 24
Zep Zcp Zcp

2. Parallelism;,  agp = -apg

Distance between center line of sun-planet and planet-gear ring must be equal

Pitch Diameters; Dy =— Dpy=— Dpa =

o
i
s | &
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Arms; 7R

Dg; + Dpy P
15t STAGE agp} = -—-T—— agpy = 1905!!!1‘1 apR] = 5 8pR] = 1905!01[’[
R
Dg; + Dpa P
2" STAGE  agp, = — agpg = 19.05mm appg = — 5 apga = 19.05 mm
IR
D, +D, - D
34 STAGE  agp; = — > agps = 19.05 mm tpgs = — : apgs = 19.05 mm

3. Locat. of planets: {z,; + zs)-sin(—"—J >zpp+ 2
Zcp

('zm+zsl)-sin(i) =31.177 (Zp2+251)'5m(—1‘~) =31.177
Zcp Zcp

31177 > 21
Zp1+2=21 Zm+2=21
. Zr
1212=‘—+1 121=4235
Zs1
m= 985
Torque; Tor =i Ty To; =625/6N-m
. R
Outs. dia. D, D=— D; =58.21 mm
P
Modulus of elasticity MPa E = 199948MPa
-118 -
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Stresses on Sun, Planetary and Ring Gear, 1=t stage

Ton O
Torgue on 1%t stage Ty = Taydg T =635Nm P=—
me o = 95493
T.
Tangential driving force ¥, W, = 2UUUD_’“ W, = 16674386 N W, = 'rin.—1-
sl Ds
z 3
[(ﬂj + 1} 35550.Q.] =2 +1
Q= ENANC Kim = ;Sl
i Z
il ¢
sy
Face width sun gear ¥, = 31500- Q F;=8mn

For Sun

Maximum compressive stress S,

Maximum shear stress §,

For Planet

Maximum compressive stress S,

Maximum shear stress S,

Far Ring

Maximum compressive stress §;

Maximum shear stress S,

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

Sgg] = 0295 Scsl

0.70
scpl = 1 1 ’
(E R E)mm-smm
Sl = 0.295'5@1
0.70
Sq1 = 1 1 ) . .
(E + EJCOS(”sm(+)
Sq1 = 0.2955
-119 -

S¢1 = 1418.6 MPa

Ses1 = 418.5MPa

Scpl = 13419Wa

Sspl = 3959 MPa

Sl = 788.7 MPa

S = 232.7 MPs



Stresses on Sun, Planetary and Ring Gear, 2 stage

T tn
Torgue on 15t stage T = Tacky Tw=635Nm P= —
me o = 95493
T,
Tangential driving force W, W, = 2000- — Wy =T 1
Dsl Ds
4 3 Z
{(ﬂ) + 1} 13350~Q-(ﬂ + 1)
P Is1 Zs1
Q= —- Kin =
Y In C 3
= 2
Zs1
Face width sun gear F, = 31500 2Q Fa=212mm
Ca Kim

For Sun

Maximum compressive stress S_,

Maximum shear stress S,

For Planet

Maximum compressive stress S_

Maximum shear stress S,

ForRing

Maximum compressive stress S

Maximum shear stress S,

0.70
csl = .
(15 . lﬁ).cos(q.)-sanm

Ses1 = 1789.1 MPa

51 = 0.295-5; Ses1 = 527.8MPa

. 0.70
@1~ _ - Sp1 = 1692.3 MPa
(% + %)-cos(f)-sin(ﬁ) !
se1 = 0.285-54, Ssp1 = 499.2MPa
. 0.70
a1 = , ’ Sq1 = 994.7 MPa
(% + %)-cos(#)-sin(#) <l
sq1 = 0.295-5 sq) = 293.4MPa
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Stresses on Sun, Planetary and Ring Gear, 3rd stage

T3 np
Torgue on 3" stage T3 = Taigyi T;=269.1N-m P=
3= tmrry) 3 9549 3
o T;
Tangential driving force W, Wz = 2000-— 1
g g t B Doy Wy =Ty —
sl
) 3 7
P Is1 z
Q= — 2 Ky 2
Dy Zp) c.3
il 3
Zs1
Face width sun gear Fz = 31500- 2Q F3=282mm
G Kim
For Sun
Maximum compressive stress S_, - 0.70
(A :
(1 + l).cosmmm 51 = 3194 6 MPa
E E ’
Maximum shear stress S, sgs1 = 0.285-5.) ses1 = 342.4 MPa
For Planet
Maximum compressive stress § = 070 .
P e Se1= T o sqp1 = 3021.8MPs
— + -_— .
:tE cost¢)-sinl$)
Maximum shear stress S, sgp1=0.285-54,; Sip1 = 891.4MPa

For Ring
Maximum compressive stress S, _ 0.70 _
R VR ' otel Sa1 = 1776.1 MPa
(E + E)-cos({ -sinl$)
Maximum shear stress §, sqp = 0.295-54 Sq1 = 523.9MPa
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WINDAGE LOSS as per AGMA 6123-A88, section9.22

wghere: ) p= 24in ! 1pm = min
Pu= wmd'tzge gower .loss per gear, kW T, =15Nm C = 19.05mm
d = aperating pitch diameter of gear, mm
n = gear speed, rpm = 7500rpm
b = total face width, mm s 20 =55
B = operating helix angle, deg zp =19 5= 17
m,, = normal module

A = arrangement constant, from 1000 to 4000, @ = 25deg or
base on arrangement
SUN GEAR PLANET GEAR RING GEAR
. -1 -1
Pitch Dg = zg3p =Zpp . -1
diameter; Pr Dr=7R? D, = 58208 mm
Number of teeth; 7= Dgp zp =Dpp zR =Dpp
-1 ~1 _ p=0945 -—1—
Circular tooth thk ; tg==n2p tp=72p th=%2p i
Clearance min, basic; ¢:=02000p ! 4 0051
Whole depth, min (basic); by = 2200p 1y 0.051-mm
Addendum, basic; = 1000p "
Dedendum, min{basic), b=100p ! + 0051 -mm cos(a) = 0906
Working depth; by = 2000-p !
Outside diameter; Dyg=Dg+2a Dgp=Dp+2a Djp =Dp-2a
Root diameter; Dpg=Dgg~2hy Dgrp=Dgp-2h Drr =D -2h
Basic circle diameter; DbS = Ds-cos(o:,) DbP = DPCOS(G') DbR = DR-cos(q,)
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11
Sun gear @ 3rd stage  Pyyy(A) = Dyngybgyoos(p) o= —  bgp=iSmm = lipigy) h=—
‘0

-11
310 T T T T T T T

2510 M X -
210 1 | .
Pyrsa(h)

15101 .

1101 .

540712 1 L i ! | L

i1

Planet gear @ 3rd stage 14210 " bpy=15mm npgi=ngi
A

Pyarp3(4) = 3Dp-npy-bpy- cos(p )3-p-

2.0 M

1510 U

Ppa(d) 110!

s10 2

1 15 2 25 3 35 4 45 5
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BEARING LOSS as per AGMA 6123-A88, section 9.2.3

where:
n, = bearing speed, rpm
f= bearing coefficient of friction
w = beating load,
d, = bearing outside diameter,
d; = bearing bore

Sun gear @ 1st stage
do + &
Tpg = EWy-

Dy
Pocy = Ty ——
B31 b3 5549

Planet gear @ 1st stage
dy + ¢

Tpy
P = 2Ty py-——
BP1 bP1 gsag

Planet gear @ 2nd stage
dO + dl

i fipp
P = 2Typy ——
BP2 bP2 0540

Planet gear @ 3rd stage
do + ¢

P =3Tppyr——
BP3 bP3 g0

Output squre

d .+ di
0s S
Typ3s = FWyg ———

Bpgq

P =T — —
BP3s bP3s 9549 PBPBs = 4407 x 10

Pgs; = 2376 % 10

Pppy = 2008 x 10~

f= 00011 d_ =

ny = 7500rpm

10 W

Bp1 = N5’

ka

npy = gy

10y

Op3 = 053

mkW

W

Pyor = Pgsy + Ppp3s + (ZPpy + ZPppg + Fpps)

-124 -

Tmm

Wy

Dg
Dp

Dp

Dp

d; = Smm

= 5500N

npy = 6.711 x 103rpm

npy = 1.584 x 103rpm
Pp3 = Agi

npy = 374.101 rpm

Wbs = 15000N dog = F2mm  d; = 30mm Mpgq = ﬂs&

Bpgq = 98 735 rpm

9

Py =2704x 107 KW
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H. MATERIAL and LUBRICANT

M Alivac
’

An Allegheny Technolog

TECHNICAL DATA SHEET
VASCOMAX® C-200/C-250/C-300/C-350

GENERAL

VascoMax alloys (18% nickel maraging steels) are divided into two broad classes depending on the primary strengthening element in the
chemical analysis. The original maraging steels, introduced in the early 1960', depend on cobalt (7-12% cobalt depending on grade) as
their strengthening agent: they are cobalt strengthened 8% nickel maraging steels. In the early 1980%, Alivac introduced a new type
of maraging steel which contains no cobalt and has titanium as a primary strengthening agent: they are titanium-strengthened 18%
nickel maraging steels,

Cobalt-strengthened grades,or“C-type 18 Ni maraging”,are designated by the letter “C" in the grade identification (example: VascoMax
C-250}. Titanium-strengthened grades, or “T-type 18Ni maraging”, are designated by the letter “T™ in the grade identification (example;
VascoMax T-250).

This data sheet covers the C-type 18Ni maraging steels manufactured by Allvac: VascoMax C-200,VascoMaxC-250,VascoMax C-300,and
VascoMax C-350. Information on the T-type VascoMax grades is available in a separate Technical Data Sheet. Allvac continues to be a
leading producer of the titanium-strengthened alloys. It should be emphasized that the essential difference between C-type and T-type
maraging steels is the chemical analysis. In terms of mechanical properties and recommended processing, there are few, if any, significant
differences, Since high purity melting is essential to assure optimum mechanical properties, Alivac employs double vacuum melting -
under strictest quality control - for all VascoMax grades.

Numerical designations for each grade, while not direct correlations in all cases, are generally representative of the ultimate tensile
strength of that grade, expressed in ksi. For example,VascoMax C-350 has a nominal ultimate tensile strength of 350 ksi (350,000 psi)
This variety in property levels among the four grades allows flexibility in selecting the property combination which best suits a given
application. Mechanical properties of the four VascoMax C-grades are reported in Table 1 on page 3 illustrating briefly their properties
and highlighting their outstanding values.

An additional benefit of the VascoMax alloys is the age hardening reaction of these nickel maraging steels. In the solution annealed
condition (as supplied to the customer), they are very tough, relatively soft (30/35 Rc),and therefore, readily machined and formed.After
machining or forming, a precipitation hardening (aging) process, which requires no protective atmosphere and relatively low furnace
temperatures, raises the hardness to a level sufficient for many tooling applications.

APPLICATIONS

Allvac produces the VascoMax alloys in a full range of “long” mill product forms including billet, bar, rod, rod coil, and wire,
Extensive laboratory and field testing, plus numerous production applications of VascoMax C-250, have proven that this family of maraging
steels is equivalent to, or slightly better than, the cobalt-bearing grades. Typical applications for the maraging steels are missile and rocket

motor cases, wind tunnel models, recoil springs, flexures, actuators, landing gear components, high performance shafting, gears, and fasten-
ers. The alloys are used in extrusion tooling, and in the die casting industry for long-run dies and also as core pins.

DEVELOPMENT
Aerospace demands for ultra-high performance materials led to the development of the C-type 18% nickel maraging steels by the Interna-

tional Nickel Company (INCO) in the early 1960'. Vasco was instrumental in assisting INCO in this development and pioneered these
alloys in the specialty steel industry.

mmwMMMmﬁamwmmmm«ﬁerDﬂmwmm
N-2SYIS4I56/173 mazerizt may vary from thoze shown herein. Allvac® 2nd VazcoMad® are repistered trademaris of ATt Propersiez. tnc. © Copyright, Alivac 2000. Page 1 0f 12

D
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http://www.allvac.com

TECHNICAL DATA SHEET

VASCOMAX® C€-200/C-250/C-300/C-350

RECOMMENDED HEAT TREATMENT
All VascoMax steels are furnished in the solution annealed condition. They are very tough, relatively soft (28 to 32 Rc) and, therefore,
readily machined and formed. They acheive full properties through martensitic precipitation aging (hence the name maraging steels) - a
relatively simple, low temperature heat treatment. As is true of other heat treating procedures, aging is a time/temperature dependent
reaction. Of these two factors, temperature is more important than time.

Because the VascoMax steels are essentially carbon-free, protective atmospheres are not required during annealing or aging, This is one of
several VascoMax advantages over carbon-strengthened high-strength steels which are subject to carburization and decarburization, and
thus require a protected or neutral environment.

TheVascoMax steels are also exceptionally stable during annealing and aging, offering predictable, uniform shrinkage on all dimensions. This
distortion-free (nonwarping) characteristic is a significant advantage over many other high-strength steels.

The VascoMax C-steels should be aged at 900° to 925°F (480° to 495°C) for three to six hours. Air cool. Very large cross sections should
be aged for longer periods.

RECOMMENDED PROCEDURES FOR PROCESSING/FABRICATION
The VascoMax C-steels are processed essentially the same as the titanium-bearing 18% nickef maraging steels. Detailed procedures for
machining, cold working, warm working, hot working, welding, nitriding, plating, forging, rolling, solution annealing, as well as recommen-
dations for die casting applications, can be found in the VascoMax C Recommended Procedures for Processing and Fabrication Data
Sheet.

ADVANTAGES OF VASCOMAX

Allvac prepared this technical data sheet to assist both the engineer and the less technically oriented individual in understanding the
tremendous benefits of VascoMax alloys 2s both structural and a tocling material, Here is a2 summary of those advantages
* Excellent Mechanical Properties
High yield and ultmate tensile strengths
High toughness, ductility, and impact strengths
High fatigue strength
High compressive strength
Hardness and wear resistance sufficient for many tooling applications
+ Excellent Workabitity
Easily machined
Readily formed - cold, warm, or hot (without in-process anneals)
High resistance to crack propagation
Excellent pofishabitity
Good weldability
¢+ Excellent Heat Treatment Characteristics
Low furnace temperatures required
Precipitation hardening, aging heat treatment
Uniform, predictable shririkage during heat treatment
Minimal distortion during heat treatment
Through-hardening without quenching
No protective atmosphere required
Freedom from carburization or decarburization
¢ Advantages During Application
Low coefficient of expansion minimizes heat checking
Pitting and corrosion resistance superior to common tool stee
Good repair weldability
Excelient mechanical properties have led to longer toot life
Easily reworked and retreated for secondary tool life
NBWISK 156173 o mm“g&‘..m M:ﬂanW ot A P rmmmg&mﬂ T Al 500 Page 20t 12
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M Allvac
An Allegheny Tectinoka

. TECHNICAL DATA SHEET
VASCOMAX" C-350

Physical Properties Nominal Annealed Properties
Average Coefficient of 4. Hardness 3SRe
Thermal Expansion (70-900° F) 63 x 107 infinF
Yield Surength 420 ksi
Modulus of Elasticity 29 x 10° psi
Ultmate Strength 165 kst
Denslty 292 tbsfeu . ( 8.1 glec)
Elongation 18%
Thermal Conductivity ac 68° F 4.6 BTW( fhe)(°F)
Reducuon of Area 70%
at 122°F 14.9 BTW/Iyhn)(F)
at 22°F 15.6 BTU/fuxhe)('F)

Nominal Room Temperature Properties after Aging

Siza Direction ::::':::I Tensite :s:""“d‘ os:::g‘:: E:';g; \“A%n R aren of
s esi % %
5/8" Round | Longitudnal 578 3502 3427 75 354
1% Rowd | Longitudeal 584 2468 340.6 7.6 338
3* Round Longitudinal 582 3422 336.5 62 86
.250" Sheet Transverse 577 3555 3473 30 154

Effect of Stress Concentration Factor, K,

on Tensile Properties Effect of Test Temperature on Tensile Properties
. o . .
Notch Tensile Screngch NotchTo oth Test 0.2% U1I’tormte Eiongation | Reduction
Yieid enclle | i 4SVA of
Tenslle Strength Temp in
K Average Range Ratio® °F Strength | Strength Area
ksi ksi kst ksi % %
20 4337 427.4 - 4373 1.20 600 °F 2954 3102 123 549
6.25 3343 331.7- 3376 093 800 °F 2773 2884 15.6 57.6
9.0 333.0 32673386 092 900 °F 2519 2704 17.4 60.3
* Based on smooth bar tensile strength of 362.8 ksi 1000 °F 2336 %18 20.0 709
All amples solution annealed for one hour at 1500° F.

All samples solution annealed for one hour at 1500° F

air cooled and aged ac $00° F for chree hours. air cooted and aged at 909° F for six hours.

Compressive Strength
Rockwell
Condition “c”
Proportional 0.2% Offset Hardness
Limit Yield Strength
besd kst
Solution Anneated 108.0 160.5 343
Aged 3493 388 | 59.6
Sampl k for 30 mi at 1500° £, air cooled and

:ged3hoursat900’F zsmﬁcaued Average of 3 tests per condition.

Data are typical and shouid not be hm«&wmmnmwmhrmd
N-BSVIS41S41 73 meMMMWMNWRWW&nm © Copyright. Allvac 2080. Page Hl of 12
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XM Alivac

An Allegheny Techi

TECHNICAL DATA SHEET

VASCOMAX® C-350

Effect of Test Temperature on R.R. Moore Rotating Beam Fatigue Tests
10 Charpy V-Notch Impact Strength 240 i i
220
B ® 20
g 180
z"'é 60 160
%5 3 % \\
: g © i Fadigue Skrengch
= % %100
/ B m
[
400 -200 O 200 400 00 800 1000 1200
Test Tavperacure F o
Al solution ded for 30 mi at 1S00* F. 20
arcndedar\dzgedltm'F‘crdweehmn
Tensile Pro ies as a Function of ot e C,'f:, o to*
“ Test and Exposure Temperature Al for 30 mi at 1500° £
an'cooledmdagedu?(n'Fbrmruhm
30 Effect of Aging Time
—.\ o onTensile Properties
3 '\
-] . ._/L‘-]
E \\"{-\N 350
-
o1
0 \\\
300
240 L) %
W\ .
20 %0 5
4
4
P
# . .
i @ £
— T ' 5
& 100 0 .
0 H . o g
4| &
30
-] - -
L v v , hd
— -1y ' 3 6 10 20 »
Age Time - Howrs
[ 20 400 £00 800 1000 B Uonce Tensle Srenghy 8 02X Yidd
Tervperavare £ A Reducrion in Area ¥ Eongotion
B Ukimaw Tenste Srengh @ 02X Yied or 00
L . Al specimens soktion annealed for one hour ac | 3
& Reduction in Area ¥ Bongsion air cooled and aged at 9C0° F for che Gmes indicated.
Shore Time
~——— Exposed 200 hrs.
All samples anneaied for one hour at 1475° £
air cooled and aged at 900° F for dwee hours.
Data are typical and showid not be or enin valuesz for » wh&udagx&uuwwwkrpm
N-ISISI58NTY rrareril may vary from thoce zhown herein. Mad 2 ® are rept ' ia of ATl Properties. inc. © Capyrighe, Alivac 2000. Page 20f 12
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AUTOMOTIVE LUBRICANTS <
&

@

DURON® XL SYNTHETIC BLEND
ENGINE OILS

JURON XL Synthetic Blend Engine Qils are super premium, heavy duty
engine oils specially fo-rmutated to meet the ngors of cold, harsh winters and
are recommended far year-round use in vehicles operahing in both highway
and off-highway applications.

JURON XL Synthetic Blend 15W-40 possesses the superior soot dispersing
properties required by the latest low emissicn enging designs ~ beyond that of
API Ci-4, Caterpillar ECF-1, Mack EO-N Prerwum Plus and Cummins 20078,
t is especially recommended for use in extremely demanding operations,
-unning in both highway and off-highway appications

JURON XL Synthatic Blend 10W-40 delivers the same high temperature per-
grmance as the SAE 15W-4Q grade, but with superior fow-temperature fludity
-or easier winter operation. ,

JURON XL Synthetic Blend OW-30 is fully approved against the demanding
equirements of AP1 CH-4, Caterpillar ECF-1, Mack EO-M Plus and Cummins
20076. it permits unassisted start-ups down 1o - 45°C. It1s aiso an axcellent
wdraulic fluid for maobile equipment, where a motor oil is specified.

Typical Characteristics are shown below:
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DURON XL Synthelic Blend

SAE Grade 15W-40 10W-40 Ow-30
viscosity ¢St@ 40°C 1-0 167 68.7

¢St @ 100°C 123 15.6 121

SU @ 100°F 566 546 348

SU @ 210°F 80 81 67
Yiscosity Index 146 158 176
*lash Point, °C/ °F 235,455 231/448 231/448
dgur Point, °C /°F -42.-44 -42/-44 <-51/<-60
~old Crank Viscosity,

tP @ -15°C / 45°F 2.534 - -

cP @ -20°C / A°F 4,565 2,918 -

cP@-25°C/-13°F - 5411 -

cP @ -30°C / -22°F - - 2.1

cP @ -35°C /-31°F - ~ 5.249
3order Ling Pumping Viscosity. cP @ °C  13.983@-25 20,5002 -30 18.113@ -40
Sulphated Ash, % Wt 1.37 1.18 1.18
Tolal Base No. 15 9.0 91

For DURON XL Synthetic Blend Performarce Specifications, Refer to
I Teble AL-1 (see Page 56)
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